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OZET

DUSUK ENTALPILIi JEOTERMAL KAYNAKLARI KULLANARAK ORGANIK
RANKINE CEVRIiMi ELEKTRIK SANTRALI TASARIMI

Karadas M. Aydin Adnan Menderes Universitesi, Fen Bilimleri Enstitiisii, Makine

Miihendisligi Doktora Programi, Doktora Tezi, Aydin, 2022.

Bu tez, Tiirkiye'de kullanilmayan diisiik entalpili ve diisiik debili jeotermal akigkanin elektrik
tiretiminde kullanilmasi i¢in bir ORC sistemi gelistirmeyi amag¢lamaktadir. 150 ton/saat debide ve
90 °C sicaklikta olan diisiik sicaklikli jeotermal kaynaklardan yararlanarak Organik Rankine
Cevrimine (ORC) dayali bir santralin performansinin ve ana ekipmanlarinin (6n 1siticy,
buharlagtiric1 ve hava sogutmali kondenser) detay tasarimlarinin hesaplanmasi icin ORC Designer
isimli detayli bir MATLAB programi gelistirilmistir. ORC Designer programinin MATLAB
algoritmasi farkli ¢aligma kosullar1 i¢in ORC’nin tiim ana ekipmanlarina uygulanmis; ekipmanlarin
geometrileri ve santral performansi iizerinde optimizasyonlar yapmaya imkan tanimustir.
Oncelikle, ORC sistemi yeterli sayida 6n 1sitici, bir adet buharlastirici, bir adet hava sogutmali
condenser, bir adet tiirbin, bir adet pompa ve bir adet rekuperatorden olusmaktadir. ORC
sisteminde yapilan modellemede tiim ¢evrim igi akiskanlar i¢in rekiiperatorsiiz sistemin daha
yiiksek briit giic vermesinden dolay1 rekuperator ORC’den ¢ikarilmistir. Sistem dokuz farkli
organik cevrim i¢i akigskan ile degerlendirilmistir. Cevrim igi akiskanlarin en yliksek net giig
tiretimine gore siralamasi, R218, n-pentan, izo-pentan, R245FA, R123, n-biitan, R236FA, izo-
biitan, R134A, olup sirasiyla 197kWe, 189 kWe, 186kWe,182 kWe, 181 kWe, 180 kWe, 177 kWe
ve 166 kWe net enerji liretmektedirler. En yiiksek verim ve net gii¢ tiretimi agisindan optimum
cevrim i¢i akigkan n-pentan bulunmustur. N-pentanin toplam debisi ORC sirkiilasyonunda 39.791
ton/saat'tir. N-pentanli ORC, ortam hava sicakligi 18 °C iken 90 °C'de 150 ton/saat jeotermal su
kullanarak %35.6 briit ve %4.32 net verimlilikle 245 kWe briit ve 189 kWe net elektrik tiretmektedir.

Anahtar kelimeler: ORC, Esanjor Tasarim, Diisiik Entalpili Jeotermal Kaynak, Verim, N-pentan.
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ABSTRACT

DESIGNING OF AN ORGANIC RANKINE CYCLE POWER PLANT BY USING LOW
ENTHALPY GEOTHERMAL RESOURCES

Karadas M. Aydin Adnan Menderes University, Graduate School of Natural and Applied
Sciences, Mechanical Engineering Doctoral Program, Doctorate Thesis, Aydin, 2022.

This thesis aims to develop an ORC system to utilize the low enthalpy, low flow rate geothermal
fluid, which is unused in Turkey, for power generation. A detailed MATLAB program which is
named as ORC Designer is developed to evaluate the performance of an Organic Rankine Cycle
(ORC) and detailed main-component (preheater, evaporator, and air-cooled condenser) design on
low-temperature geothermal resources such as 150 tons/hour flow at 90 °C temperature. MATLAB
algorithm of ORC Designer Program has implemented for all equipment of ORC for different
working conditions, and it is developed to make optimization for performance and geometrical
conditions of the equipment. First, ORC system is modelled with enough preheater, an evaporator,
an air-cooled condenser, a turbine, a pump, and a recuperator. The recuperator was removed from
the system because the gross energy production of ORC system without recuperator calculated
higher than ORC system with recuperator system for all working fluids. The system was evaluated
nine dry organic working fluids: the ranking of working fluids from highest to lowest net power
generation are R218, n-pentane, iso-pentane, R245FA, R123, n-butane, R236FA, iso-butane,
R134A with net power productions of 197kWe, 189 kWe, 186kWe, 182 kWe, 181 kWe, 180 kWe,
177 kWe and 166 kWe, respectively. N-pentane is found as the optimum working fluid in terms of
the highest efficiency and net power generation. The total flow rate of n-pentane is 39.791
tons/hour at circulation. ORC with n-pentane generates 245 kWe gross and 189 kWe net electricity
with 5.6% gross and 4.32% net efficiency by using 150 tons/hour geothermal brine at 90 °C while

ambient air temperature is 18 °C.
Keywords: ORC design, Heat exchanger design, Low enthalpy geothermal, Efficiency, N-pentane.
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1. INTRODUCTION

The Organic Rankine Cycle (ORC) is basically similar to the steam cycle in terms of its operating
principle. The ORC cycle uses higher molecular weight liquids that can boil at lower temperatures
than water, the working fluid. These cycles, which are similar to the Rankine cycle due to the use
of high molecular weight fluids, are called Organic Rankine cycles. The working fluid used in

ORC:s is important for applications where the source temperature is below 400°C.

The ORC system was first developed and presented to the United Nations in 1961 by Israeli solar
energy researchers Harry Zvi Tabor and Lucien Bronicki (2013) for electricity generation using a
solar powered 3 kW system ORC. Later, this development led the way for the creation of the Ormat
Company. Since the 1980s, geothermal energy has increased the share of ORC in electricity
generation and the geothermal ORC installed worldwide has reached 2 GWE today. ORC Ormat's
global market share is 48% for biomass, 31% for geothermal, 20% for thermal and 1% for solar. If
we look closely at these ratios, we find that the share of geothermal and especially solar energy
ORC:s is small. For this reason, it is believed that the future of renewable energy ORC will be
promising (Bronicki, 2013). A typical ORC cycle consists of four basic elements: the pump, the
evaporator, the turbine, and the condenser. The organic liquid used in the cycle is directed to the
evaporator by increasing the pressure with the pump. The element used as the evaporator is a heat
exchanger that transfers the heat it receives from a heat source to the organic stream. As a result of
this heat transfer, the organic liquid becomes hot vapour with high temperature and pressure. Under
these conditions, the liquid entering the turbine expands and generates mechanical work. Usually,
a preheater is used before the evaporator to increase the efficiency of the ORC cycles.

Since heat transfer is not effective at low temperatures, the choice of working fluid is important in
ORC systems operating at these temperatures. The thermodynamic properties and working
conditions of the fluid are some of the most important factors in selecting the working fluid. To
extract heat from sources at low temperatures, the boiling temperature of the working fluid at
atmospheric pressure must be lower than that of water. The working fluid must have the following
properties: 1) The working fluid must have a high enthalpy of vaporization and a high density. The
working fluid with a high enthalpy of vaporization can absorb more heat for the evaporator and
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therefore requires a lower flow rate. As a result, the system size and pump capacity are reduced. 2)
The impact of the working fluid on the environment should be minimal. It should have low ozone
depletion potential (ODP) and global warming potential (GWP). 3) The working fluid should not
be irritant, flammable, or toxic. The ASHRAE classification can be used for the hazard level of the
fluid. 4) Organic fluids are usually subject to chemical decomposition and degradation at high
temperatures. The maximum temperature of the heat source is limited by the chemical stability of

the working fluid. Therefore, the freezing point should be the lowest temperature in the cycle.

The ORC has several significant advantages over conventional vapour cycles and is preferred in
many applications due to its unique characteristics. 1) Conventional steam cycles run the risk of
turbine damage, especially from foreign matter in the geothermal fluid that may come into contact
with the steam turbine, especially in flash applications. Foreign matter in the geothermal fluid can
lead to wear of the turbine blades, resulting in high maintenance costs. On the other hand, the
working fluid used in ORCs can operate for up to 20 years without maintenance because the steam
evaporates at a lower temperature than the turbine and is cleaner. 2) The molecular weight of the
organic working fluids is higher than that of water, so the turbine blades impact at a lower speed
while the steam is passed through the turbine. For this reason, turbine maintenance costs are low
for ORCs. 3) Because ORCs operate at lower temperatures and pressures, mechanical and thermal
fatigue of the cycle elements is much lower than conventional steam cycles and therefore
component life is longer. 4) Because ORCs operate at lower temperatures, they can be controlled
and operated remotely without the need for an operator, resulting in a significant reduction in
operating costs. 5) ORCs can operate at high efficiency with partial heat input, e.g., at 10% of heat
source capacity. This low ratio is advantageous for industrial processes where the amount of heat
fluctuates and for applications based on solar energy. They can operate until the early morning
hours, when the intensity of solar energy is low, and until late at night. 6) While conventional steam
cycles require auxiliary equipment such as water supply and water treatment, ORCs do not require
additional systems because it is a completely closed loop, such as a refrigeration cycle. For this
reason, the system is easy to operate and control. 7) The steam turbines in ORCs rotate at lower
speeds than the turbines in the conventional steam cycle, which reduces mechanical stress. 8)
Turbine efficiencies of up to 85% can be achieved in ORCs. 9) Since micro-ORCs are usually

mobile units, start-stop operation is simple and can operate for 20 years without major maintenance.



2. LITERATURE REVIEW

The advantages of ORCs and the rising cost of energy have made them an attractive power
generation application and have become one of the most studied topics in the literature in recent
years. In the studies of ORC, work seems to be intensified on the turbine, one of the most important
components, as well as on the working fluid and other components of the cycle. Munoz et al. and
Chacartegui et al. (2011) stated in their work that the ORC system is the best power generation
method for low temperature sources. Wei et al. (2008) proposed two alternative approaches for
dynamic modelling in ORCs and concluded that the most important characteristic of ORCs is high
reliability and flexibility. Karellas et al. (2012) studied the effect of regenerator on ORC elements
on key parameters using similarity analysis. Guo et al. (2011) performed thermodynamic analysis
of ORC and studied the energy losses at different temperatures. Worek at al. (2007) presented
optimal cost-effective design criteria for ORCs and used the ratio of net energy production to total
heat exchanger area as a key function. Optimal cycle performance was demonstrated, and
comparisons were made with different working fluids such as ammonia and n-pentane. The
conclusion is that ammonia is the optimal fluid for ORC under the given conditions. A similar
study was conducted by Sun and Li (2011) and optimized using the ORC Rosen method. In this
study, a detailed ORC operational analysis was performed for a heat recovery system using R134a
as the working fluid. Mathematical models were developed to optimize and analyses the
performance of the system for the expansion, evaporator, air-cooled condenser, and pump. As
stated in the study by Sun and Li (2011), the relationship between the variables whose optimization
results are controlled (optimum working fluid flow, optimum condenser, and fan airflow) and the
uncontrollable variables (source temperature and ambient temperature) is an approximately linear

function for the net power generated by the system.

Bahaa and Gerald (2007) performed a thermodynamic analysis for ORC with 32 different working
fluids. The fluids were identified as alkalis, fluorinated alkalis, ethers, and fluorinated ethers. The
analyses showed that the maximum heat can be transferred to the working fluid when the source
temperature is 120°C. Roy et al. (2009) performed extensive parametric optimization and

performance analysis for waste heat as the heat source and ORC systems using R-12, R-123, and
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R-134a as the working fluid. Cycles were compared for cases where the exhaust gas temperature
was 140°C and the exhaust gas flow was 312 kg/s, and the best case was found with R-123 as the
working fluid. Yamada et al. (2012) performed an energy analysis for a new ORC system using
HFO-123yf as the working fluid. Li et al. (2011) studied the effects of dry fluid on the thermal

efficiency and net power generation of ORC.

Gang et al. (2011) built and tested an experimental ORC model. The turbine shaft power is about
1 kWe and the ORC thermal efficiency is 6.8%. Schuster et al. (2010) worked with a supercritical
ORC instead of a simple ORC system and showed that the heat losses were significantly reduced.

In recent years, work on ORC systems has focused on those systems that include the ejector. Jia et
al. (2011) studied the behaviour of the ejector in terms of heat absorption and power generation
potential of the ORC. Hem and Xu (2011) studied the ORC system with ejector and investigated
the effects of the ORC on thermal efficiency. Zhao et al. (2012) used an ejector on a separate feed
line in the ORC system and showed that the power system increased heat removal. Various studies
on the ejector ORC system can be found in the reference list (Khaliqg et al., 2012; Li and Zhang,
2012).

In ORC systems, the expander or turbine is one of the most important components that affect cost,
system size, and efficiency. Gonzalez et al. (2015) identified and improved the detailed design
method for ORC radial turbo-turbines. The results show that lowering the power reduces the
isentropic efficiency and that the rotor and nozzle paths are the main loss points. Capata and
Hernandez (2014) studied the basic designs of a turbo-turbine to meet the requirements of a variety
of systems and presented a detailed design of the radial turbine. The thermomechanical

performance study confirmed the structural loading and possible location.

Quoilin et al. (2010) showed that spiral turbines have potential for small expansion devices due to
their low speed, high pressure ratio, and ease of replacement. Lemort et al. (2009) have studied
how an air compressor can be integrated as a turbine in an ORC system. The results show that the
isentropic efficiency can reach 68% and that the thermal parameters of the ORC system can be

accurately calculated.

Yamada et al. (2010) developed an ORC system with a rotating blade turbine. Experimental results

have shown that the turbine power can be about 1 kW under various conditions. B.R.Singh (2012)



and O.A.Singh (2012) set up a test setup for a prototype turbine with a rotating blade and

investigated its performance. It has been shown that the yield values reach 95% at 3000 rpm.

Pei et al. (2011) set up an ORC system with a radial turbine in which the working fluid is R-123.
Experimental measurements have shown that the isentropic turbine efficiency is 62.5%. Kang
(2016) developed a two-stage radial turbine to increase the cycle efficiency by increasing the
pressure ratio. The maximum electric power, cycle efficiency, and turbine efficiency were reported
to be 39 kW, 9.8%, and 58.4%, respectively.

Li et al. (2018) study involves single and dual-pressure evaporation in Organic Rankine Cycle
using nine different pure fluids. Evaporation pressures are optimized, and outlet temperatures are
obtained. System performance is analysed and compared for temperatures between 100-200 °C. A
quantitative criterion is provided to assess the optimal cycle type. Mondejar et al. (2018) studied
nanofluids as potential working fluids for Organic Rankine Cycle. The impact of nanoparticle type
and concentration on the heat exchangers size is analysed. Different from the traditional numerical
calculation method (TNCM) of ORC, a new thermodynamic cycle separating method (TCSM) is
introduced in the study of (Wang et al., 2018). Braimakis and Karellas (2018) work focuses on the
exergetic optimization of double stage Organic Rankine Cycle (DS ORC) for waste heat recovery.
A model of a DS ORC, consisting of a high temperature (HT) stage serially connected to a low
temperature (LT) stage is developed, while different combinations of working fluids with variable

critical temperatures are considered in each stage.

Du et al. (2018) compares off-design performances of the basic organic Rankine cycle (ORC) and
the parallel dual-pressure organic Rankine cycle (PDORC) for low temperature hot water. The
particle swarm optimization (PSO) algorithm is applied to obtain optimal operating parameters. A
statistical method for ORC performances analysis and comparison is introduced at (Landelle et al.,
2017). An open-access database of ORC experiments is presented and released. A selection of
simplified ORC thermodynamic performance criteria is proposed. Shao et al. (2017) is developed
a new micro radial inflow turbine for a mini organic Rankine cycle (ORC) system in this study.
With R123 as the working fluid, the turbine operational characteristics and performance are
investigated by experiments. Eyerer et al. (2016) analysed R1233zd-E as a replacement for R245fa
as working fluid for Organic Rankine Cycle for low temperature heat sources.



Molés et. al. (2016) analysed HCFO-1233zd-E as a replacement for HFC-245fa as working fluid
for Organic Rankine Cycle for low temperature heat sources. Yuping Wang et al. (2016) made an
experimental study on the practical performance of organic Rankine cycle (ORC) system using
zeotropic mixture (R601a/R600a) is per- formed by using a small-scale ORC power generation
experimental setup. In Han et al. (2014) study, a 200 kW Organic Rankine Cycle system was
designed for waste heat recovery application using R245fa as a working fluid. S.Y.Cho (2015) and
C.H.Cho (2015), in order to efficiently utilize such fluctuating thermal energy, an experimental

study was conducted while adjusting the mass flowrate and the temperature of the working fluid.

Baral et al. (2015) introduces the concept of installing a small-scale organic Rankine cycle system
for the generation of electricity in remote areas of developing countries. Hu et al. (2015) study
conducts a detailed design and off-design performance analysis based on the preliminary design of
tur- bines and heat exchangers. The radial inflow turbine and plate heat exchanger is selected in
this paper. Lee et al. (2015) This paper deals with the design, fabrication, and test results of the
ORC power generator. The ORC system was designed the maximum electric power output of
100kW utilizing geothermal hot water. Fu etal. (2015) involved designing and constructing a 250-
kW organic Rankine cycle system, consisting of a pump, preheater, evaporator, turbine, generator,
condenser, as well as hot and cooling water circulation systems. Refrigerant R245fa was used as a
working fluid. The experimental tests also were performed, and the results of tests are compared

with this existing study.

A practical method for designing Organic Rankine Cycle (ORC) power generation system was
proposed at (Dong et al., 2015). The design method was aimed to optimize the cost performance
of ORC system and based on experiments and theoretically modelling. The influences of various
evaporators on the system responses of a 50 kW ORC system using R-245fa are investigated in
(Lee etal., 2014).

Ata et al. (2019) evaluated the thermal efficiency of an Organic Rankine Cycle with n-pentane for
medium enthalpy geothermal resource with 120 °C. Two different model has been built by using 9
different working conditions to determine thermal efficiencies in that study. In the first model,
evaporation pressures change between 250-400 kPA while turbine inlet superheating temperatures
are assumed constant. The turbine inlet superheating temperature varies between 0 and 20 while

evaporation pressures are assumed constant in the second model. A thermodynamical energy



analysis model is developed by using Engineering Equation Solver (EES) program and it is not
focused on performance and analysis of main equipment such as heat exchangers, condensers,
pump and turbine. Only the thermal efficiency of the overall system has been calculated by
changing of evaporation temperature and superheating temperature.

Hu et al. (2021) made an optimization of an Organic Rankine Power generation system for low
enthalpy geothermal fluid with 100 °C temperature. They made a thermodynamical energy model
in EES and they basically calculated the net power per unit mass flow rate of geothermal water,
heat exchanger area required per kW net power and system thermal efficiency under different the
narrow (pinch) point temperature difference from 0 to 16 Kelvin. They found that the best narrow
point temperature difference is 5-7 K for the optimum ORC power generation and heat exchanger
area. Song et al. (2020) made a comparative thermo-economic optimization study by using high-
medium enthalpy geothermal resource with 180 °C. In this study, they calculated payback period
of ORC by considering heat exchanger area and exergy efficiency for 6 different working fluids
such as iso-pentane, R1233zd, R245fa, isobutane, R134a, R1234yf. They modelled two type ORCs

with recuperated and non-recuperated cycles, but all cycle uses water cooled condenser.

Shengjun et al. (2011) studied an economical optimization and performance comparison of ORC
for low temperature geothermal resource at 90 °C with 1 kg/s mass flow rate for different 16
subcritical and trans-critical working fluids. During this study, main energy and exergy balance
calculated then total heat transfer area of heat exchangers evaluated for economical modelling.
They calculate the heat transfer coefficients for heating, evaporating, and condensing by employing
some correlations. However other geometric parameters which are studied within the scope of this
thesis are not calculated except heat transfer area. The maximum theoretical net power output
obtained 9.3 kW with R41 working fluid. This capacity can be applicable for only experimental

studies, not industrial.

The most of studies in literature only focus on thermodynamical analysis or modelling and
economical or performance optimization by using main thermodynamical and heat transfer
formulas and correlations. Generally, the condensing part of ORC is selecting for water cooled
system since heat transfer calculations are more simple and less complex than the air-cooled
condenser. In literature who try to calculate the heat transfer coefficient by making detailed heat

transfer calculations do not consider to evaluation of the fouling heat transfer coefficient. Except



only heat transfer area calculations of heat exchanger, the number of publications that focus on the

geometric scaling of the main equipment of ORC is quite low.

The most important differences that distinguish this thesis from the most of studies are directly
focus on detailed design of main components of Organic Rankine Cycle such as preheater,
evaporator, and condenser. All geometrical properties are calculated by developed ORC Designer
Program. In addition, air cooled condenser is used in the ORC because its widespread use in the
geothermal industry due to scarcity of water resources. However, the water-cooled condenser is
used in general literature because it is more efficient and easier to calculate. Furthermore, the heat
transfer coefficient evaluation in air-cooled condensers is difficult while the detailed design and
geometrical scaling calculations are very complex. Moreover, pressure drop calculations are
performed in the modelling for pre-heater, evaporator and air-cooled condenser, although it has
been ignored in most other studies. Heat transfer coefficient for clean and dirty (fouling) surface
are calculated for all components of Organic Rankine Cycle.

The aim of this thesis is to design and prepare production data sheets of main components for an
ORC unit with a gross power generation capacity of 250 kWe from a geothermal source of 90 °C,
150 tons/hour and 3 bar; and then achieve domestic manufacturing of almost 100% in future. There
are many geothermal sources exploration below 100°C in geothermal fields that remain unused for
electricity generation in the world. In the lowest temperature area that has been developed in
Turkey, there is a geothermal power plant that generates 2.5 MWe of electricity, with a flow of
about 900 tons per hour and a geothermal area of 103°C. There are Some companies such as Exergy,
Turboden, Electratherm, Climeon, Orcan, Rank etc. that are commercially producing low power in
the world ORC. However, maximum capacities of them 100 kWe power plant over 100 ° C
temperature for small scale projects. In this project the thermodynamic modelling and the main
components design of the ORC plant with a capacity to produce 250 kWe of electricity from a
geothermal source of 90 °C in accordance with the geothermal resources, economic and climatic

conditions of our country.



3. MATERIAL

3.1 Heat Exchangers

A heat exchanger is a device for transferring heat from one fluid to another. There are three main
categories: Recuperative, in which the two fluids are at all times separated by a solid wall;
Regenerative, in which each fluid transfers heat to or from a matrix of material; Evaporative (direct
contact), in which the enthalpy of vaporization of one of the fluids is used to provide a cooling
effect (Kakac, 1992).
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Figure 3.1 Several types of heat exchangers (Kakac, 1992)
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Figure 3.2 Part names of shell and tube heat exchanger (TEMA type AES WERMAC, 2022)
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Figure 3.3 Flooded type shell and tube heat exchanger (TEMA X Shell WERMAC, 2022)

3.1.1 Thermal Design Considerations

The flow rates of both hot and cold streams, their terminal temperatures and fluid properties are the

primary inputs of thermal design of heat exchangers.
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Thermal design of a shell and tube heat exchanger typically includes the determination of heat transfer
area, number of tubes, tube length and diameter, tube layout, number of shell and tube passes, type
of heat exchanger (fixed tube sheet, removable tube bundle etc), tube pitch, number of baffles, its

type and size, shell and tube side pressure drop etc (Ranjeet et al., 2020).

3.1.1.1 Shell

Shell is the container for the shell fluid and the tube bundle is placed inside the shell. Shell diameter
should be selected in such a way to give a close fit of the tube bundle. The clearance between the
tube bundle and inner shell wall depends on the type of exchanger. Shells are usually fabricated
from standard steel pipe with satisfactory corrosion allowance. The shell thickness of 3/8 inch for
the shell ID of 12-24 inch can be satisfactorily used up to 300 psi of operating pressure (Ranjeet et
al., 2020).

3.1.1.2 Tube

Tube OD of % and 1°* are very common to design a compact heat exchanger. The most efficient
condition for heat transfer is to have the maximum number of tubes in the shell to increase
turbulence. The tube thickness should be enough to withstand the internal pressure along with the
adequate corrosion allowance. The tube thickness is expressed in terms of BWG (Birmingham
Wire Gauge) and true outside diameter (OD). The tube length of 6, 8, 12, 16, 20 and 24 ft are
preferably used. Longer tube reduces shell diameter at the expense of higher shell pressure drop.
Finned tubes are also used when fluid with low heat transfer coefficient flows in the shell side.
Stainless steel, admiralty brass, copper, bronze, and alloys of copper-nickel are the commonly used

tube materials:

3.1.1.3 Tube pitch, tube-layout, and tube-count

Tube pitch is the shortest centre to centre distance between the adjacent tubes. The widely used
tube layouts are illustrated in Table 3.1. The number of tubes that can be accommodated in a given
shell ID is called tube count. The tube count depends on the factors like shell ID, OD of tube, tube

pitch, tube layout, number of tube passes, type of heat exchanger and design pressure.
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3.1.1.4 Tube passes

The number of passes is chosen to get the required tube side fluid velocity to obtain greater heat
transfer co-efficient and to reduce scale formation. The tube passes vary from 1 to 16. The tube
passes of 1, 2 and 4 are common in application. The partition built into exchanger head known as

partition plate (also called pass partition) is used to direct the tube side flow (Ranjeet et al., 2020).

Table 3.1 Common tube layouts (utilized from Kakac, S. (1992))

Tube OD, in Pitch type Tube pitch, in
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Figure 3.4 Heat exchanger tube-layouts (utilized from Kakac, S. (1992))

3.1.1.5 Baffles

Baffles are used to increase the fluid velocity by diverting the flow across the tube bundle to obtain
higher transfer co-efficient. The distance between adjacent baffles is called baffle spacing. The
baffle spacing of 0.2 to 1 times of the inside shell diameter is commonly used. Baffles are held in
positioned by means of baffle spacers. Closer baffle spacing gives greater transfer co-efficient by
inducing higher turbulence. The pressure drop is more with closer baffle spacing. The various types
of baffles are shown in Figure 3.5. In case of cut-segmental baffle, a segment (called baffle cut) is

removed to form the baffle expressed as a percentage of the baffle diameter. Baffle cuts from 15 to
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45% are normally used. A baffle cut of 20 to 25% provide a good heat-transfer with the reasonable
pressure drop. The % cut for segmental baffle refers to the cut away height from its diameter. Figure
3.5 also shows two other types of baffles (NPTEL, 2015).
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Figure 3.5 Different type of heat exchanger baffles (utilized from NPTEL (2015))

3.1.1.6 Fouling Considerations

Most of the process fluids in the exchanger foul the heat transfer surface. The material deposited
reduces the effective heat transfer rate due to relatively low thermal conductivity. Therefore, net
heat transfer with clean surface should be higher to compensate the reduction in performance
during operation. Fouling of exchanger increases the cost of (i) construction due to oversizing, (ii)

additional energy due to poor exchanger performance and (iii) cleaning to remove deposited
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materials. A spare exchanger may be considered in design for uninterrupted services to allow

cleaning of exchanger (Kazi, 2011).

The effect of fouling is considered in heat exchanger design by including the tube side and shell
side fouling resistances. Typical values for the fouling coefficients and resistances are summarized
in Table 3.2.

Table 3.2 Typical values of fouling coefficients and resistances (utilized from NPTEL (2015))

Fluid Coefficient (W.m2.°C?) Resistance (m2.°C. W)
River water 3000-12,000 0.0003-0.0001
Sea water 1000-3000 0.001-0.0003
Cooling water (towers) 3000-6000 0.0003-0.00017
Towns water (soft) 3000-5000 0.0003-0.0002
Towns water (hard) 1000-2000 0.001-0.0005
Steam condensate 1500-5000 0.00067-0.0002
Steam (oil free) 4000-10,000 0.0025-0.0001
Steam (oil traces) 2000-5000 0.0005-0.0002
Refrigerated brine 3000-5000 0.0003-0.0002
Air and industrial gases 5000-10,000 0.0002-0.0001
Flue gases 2000-5000 0.0005-0.0002
Organic vapors 5000 0.0002
Organic liquids 5000 0.0002
Light hydrocarbons 5000 0.0002
Heavy hydrocarbons 2000 0.0005
Boiling organics 2500 0.0004
Condensing organics 5000 0.0002
Heat transfer fluids 5000 0.0002
Aqueous salt solutions 3000-5000 0.0003-0.0002
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3.2 Air Cooled Condenser

An air-cooled heat exchanger is used to cool liquids with ambient air. Several articles have been

published detailing its application and economic analysis. This section describes the general design

of air-cooled heat exchangers and presents a method for approximate sizing.

3.2.1 Arrangement & Mechanical Design

Figures 3.6 show typical top and bottom views of horizontal air-cooled heat exchangers as

commonly used. The basic components are one or more pipe sections served by one or more axial

fans, fan drives, velocity reducers, and a shroud and support structure.

Air-cooled heat exchangers are referred to as fan heat exchangers when the tube section is on the

discharge side of the fan, and suction heat exchangers when the tube section is on the suction side
of the fan (Admiraal and Bullard, 1993).
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Figure 3.6 Typical Side Elevations of Air-Cooled Condensers (utilized from Tulsa (1998))
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The advantages of induced draft are:

Better distribution of air over the section.

Less possibility of hot exhaust air flowing back to the section inlet. Hot air is expelled

upward at about 2.5 times the intake velocity, or about 450 m/min.

Less exposure to sun, rain, and hail, as 60% of the front surface of the section is covered.

Higher capacity in case of fan failure since the natural chimney effect is much greater

with the induced draft.
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Figure 3.7 Typical Plan Views of Air-Cooled Condensers (API STANDARD 661 API (1997))

The disadvantages of the induced draft are:

Higher power because the fan is in the hot air.

Exhaust air temperature should be limited to 95°C to avoid possible damage to fan

blades, bearings, VV-belts, or other mechanical components in the hot air stream.
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- Fan drive components are less accessible for maintenance and may need to be serviced
in the hot air generated by natural convection.

- A blower system should be used for process fluids above 175°C, otherwise fan blades
and bearings could be exposed to excessive temperatures in the event of fan failure
(Michael et al., 1996).

The advantages of the forced draft are:

- Slightly lower horsepower because the fan is in cold air. (Horsepower varies directly
with absolute temperature).
- Better accessibility to mechanical components for maintenance.

- Easily adaptable for warm air return in cold climates.

The disadvantages of forced draft are:

- Poor distribution of air across the section.

- Greatly increased possibility of warm air recirculation due to low discharge velocity
from sections and lack of chimney.

- Low natural draft in case of fan failure due to low stack effect.

- Pipes are fully exposed to sun, rain, and hail.

The horizontal section is the most used air-cooled section and generally the most economical. For
a liquid with freezing potential, the pipes should slope at least 10 mm per meter toward the outlet
header. Since there is no problem with freezing in most cases and it is more costly to design an

inclined unit, most chillers are designed with level sections (Tulsa, 1998).

Vertical sections are sometimes used when maximum drainage and head are required, such as in
condensing units. Angle sections are used like vertical sections for condensing units and provide

positive drainage. Angle sections are often inclined thirty degrees (30°) from horizontal.

The size of the fans ranges from 0.9 m to 8.5 m in diameter. However, the largest diameter normally

used is 4.3 m to 4.9 m. The fans can be driven by electric motors, steam turbines, hydraulic motors,
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or gasoline engines. A reduction gear, such as a V-belt drive or a reduction gear, is required to
match the output speed of the drive to the relatively slow speed of the axial fan. The peak speed of
the fan is typically 3650 m/min or less. VV-belt drives are usually used up to a power of about 22
kW, and gear drives are used at higher powers. The size of individual drives is usually limited to
37 kW (Tulsa, 1998).

Dual fan shafts are very popular as this provides a level of security against fan or driver failure and
a method of control through fan stepping. Fan coverage is the ratio between the projected area of
the fan and the area served by the fan. It has been found to be best to keep this ratio above 0.40
whenever possible, as a higher ratio improves air distribution over the area of the pipe section. The

face area is the footprint of the heat transfer area available to the airflow at the face of the section.

The heat transfer device is the tube section, an assembly of side frames, tube supports, headers, and
finned tubes. Typically, aluminium fins are added to the tubes to provide greater surface area on
the air side to compensate for the relatively low heat transfer coefficient of the air to the tube. There

are several types of fins, which are tension wound, embedded, extruded, and welded (Tulsa, 1998).

For economic reasons, tension-wrapped tubing is probably the most used fin type. Tension-
wrapped tubing is common for continuous service at temperatures below 200°C. Extruded fins are
a mechanical connection between an inner tube, which is exposed to the process, and an outer tube

or sleeve (usually aluminium), which is extruded to form a tall fin.

Embedded fins are aluminium or steel fins that are notched into the base pipe. Embedded fins are
used in cyclic and high temperature applications. Other types of fin tubes available include brazed,
edge-wrapped, and serrated, stress-wrapped. Coolers are regularly manufactured in tube lengths
ranging from 1.8 m to 15 m and field widths from 1.2 m to 9.1 m. The use of longer tubes usually

results in a more cost-effective design compared to the use of shorter tubes.

Base tubes range in diameter from 16 mm to 38 mm OD and are provided with 12.7 mm to 25.4
mm high fins spaced at 276 to 433 per meter, providing an extended fin surface that is 12 to 25
times the outer surface of the base tube. The tubes are typically arranged in a triangular grid with

the fin tips of adjacent tubes touching or spaced 1.6 mm to 6.4 mm apart.

Matching the tube section to the fan system and heat transfer requirements usually results in the
section having a depth of 3 to 8 rows of finned tubes, with 4 rows being most typical. A 25.4 mm
OD tube is the most common diameter, and the most common fins are 12.7 mm or 15.9 mm high.
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The data shown in Table 3.3 is for 25.4 mm OD tubes with 12.7 mm high fins, 354 fins/m and 15.9
mm high fins, 394 fins/m.

Table 3.3 Fin tube data for 25.4 mm OD tubes (utilized from Tulsa (1998))

Fin height by Fins/meter 12,7 mm by 354 15,9 mm by 394

APM, m?/m 1.16 1.70

AR, m?/ m? 14.5 21.4

Tube Pitch 51 mm 57 mm 57 mm 64 mm
APSM (3 rows) 68.4 60.6 89.1 80.4
APSM (4 rows) 91.2 80.8 118.8 107.2
APSM (5 rows) 114.0 101.0 148.5 134.0
APSM (6 rows) 136.8 121.2 178.2 160.8

Note: APM is the area of fin tube per meter of tube length in m?m. AR is the area ratio of fin tube
compared to the exterior area of 25.2 mm OD bare tube which gas 0.0798 m*m. APSM is the fin tube
area (m?) per m? of bundle face area.

Common materials for headers are furnace grade carbon steel, ASTM SA -515-70, SA -516-70.
Tubes are generally ASTM SA -214 (ERW), SA -179 (SMLS), carbon steel. Blades are generally
carbon steel or aluminium, with carbon steel being the most common and economical design.
Blades are usually aluminium. Both stainless steel and brass alloys have their applications but are

more expensive than carbon steel.

3.2.2 Header Design

In the construction of plug collectors, a welded box is used that allows partial access to the pipes
by means of shoulder plugs opposite the pipes (Admiraal and Bullard, 1993). This construction is
usually used because it is cheaper than the alternative construction with cover plates. The
construction with cover plates allows full access to the tubes and the tube sheet. This design is used
when fouling is high, and pressure is low. Figure 3.8 shows typical designs for both plug and cover
headers (Tulsa, 1998).
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Legend
1. Tubesheet 9. Nozzle
2. Plug sheet 10. Side frame
3. Top and bottom plates 11. Tube spacer
4. End plate 12. Tube support cross-member
5. Tube 13. Tube keeper
6. Pass partition 14, Vent
7. Stiffener 15. Drain
8. Plug 16. Instrument connection

Figure 3.8 Typical Construction of Tube Section with Plug Headers (WERMAC, 2022)

3.2.3 Warm Air Recirculation

Air-cooled heat exchangers are made to operate at warm (summer) air temperatures. Seasonal
variations in air temperature can cause overcooling, which may be undesirable. One way to control
cooling capacity is to vary the amount of air flowing through the tube section. This can be
accomplished by using various motors, 2-stage drives, variable speed motors, louvers on the front
of the tube section, or variable pitch fans (Shao et al. 2017).

Extreme forms in air temperature, such as those found in northern climates, may require special air
recirculation devices. These are needed to control process stream temperatures and prevent freezing
of liquid streams. Hot air recirculation areas from a standard chiller with a reversible fan to a fully
enclosed system with automatic louvers and fans. These two commonly used systems are referred

to as "internal recirculation" and "external recirculation".

A typical layout for middle circulation is shown in Figure 3.9. When the ambient temperature is
low, the manual fan continues to push air through the inlet half of the section. The automatic fan
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operates in opposite mode, drawing hot air from the upper recirculation chamber down through the
outlet end of the section (Russel et al. 2008). Through the lower recirculation apron, the manual
fan mixes some of the hot air delivered downward by the automatically controlled fan with cold
outside air and the process reruns. The upper exhaust dampers are automatically adjusted by a
temperature controller that measures the flow of the process fluid. When the temperature of the
liquid increases, the louvers are opened. Under normal ambient conditions, the louvers are fully

open and both fans operate in ordinary forced draft mode.
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Figure 3.9 Internal Recirculation Design (Tulsa, 1998)

An internal circulation chiller is a compromise between no circulation and fully controlled external
circulation. It is cheaper than full external circulation and has a lower static pressure drop at
maximum ambient temperature. An internal circulation chiller is easier to erect and requires less
floor space than an external circulation design. However, the latter is more expensive than a cooler
without recirculation and cannot provide complete freeze protection. Since there is no control over
the air supply and the fans alone cannot fully mix the air, stratified cold air can come into contact
with the area. When the fans are off, high wind speed in low ambient conditions can cause too

much cold air to enter the area (Tulsa, 1998).
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A typical layout for external circulation is shown in Figure 3.10. For low ambient temperatures,
low-speed two-stage motors or low-pitch self-regulating fans are typically used. In that design, the
sides of the chiller are closed with manual louvers. At each end, a recirculation chamber projects
above the section columns and provides a duct for mixing cold outside air with warm recirculated
air. As with internal recirculation, the upper exhaust dampers are controlled by the temperature of
the process fluid. However, this design allows control of the inlet air temperature. When the supply
air damper closes, an internal damper in the end duct opens. These adjustments are determined by
a controller that measures the air temperature at the fan. Once the system reaches equilibrium, it
automatically regulates the process temperature and prevents excessive cooling. In warm weather,

the side manual louvers are opened while the exhaust louvers nearby are modified (Tulsa, 1998).
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Figure 3.10 External Recirculation Design (Tulsa, 1998)

External circulation is preferred for critical control and prevention of freezing. Once in operation,
it requires little attention. In the event of a loss of power or air supply, the system automatically
closes to prevent freezing. It can be designed to automatically reduce motor energy consumption
when excess cooling is provided. The major disadvantage of this type of system is its high cost.
Multiple actuators and control devices are required, as well as more steel and fins. The system is

usually too large to be shop mounted and requires more field assembly than an internal system.
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Because the air supply must be throttled, this design increases static pressure, resulting in higher
energy consumption and 20-25% larger motors than a standard chiller. When designing an external
recirculating chiller, the depth of the plenum and piping must be considered to allow air mixing
and avoid excessive static pressure drop. The air inlet area should be large enough to keep the

airflow below 152 m/min at maximum design conditions (Kakac and Paykoc, 1988).

3.2.4 Condensing Discussion

Condensation in horizontal pipes may involve partial or complete condensation of the steam.
Depending on the application, the entering steam may be superheated, equal to 1.0, or less than
1.0. Therefore, the condensation process may start with a dry wall flash zone, followed by a wet
wall flash zone, then a saturated condensation zone, and finally a liquid sub cooling zone
(Wolverine Tube Inc., pp. 8.1-8.27, 2006). The condensing heat transfer coefficient is a strong
function of local vapour quality and increases with increasing vapour quality. The condensing heat
transfer coefficient is also a strong function of mass velocity, increasing with increasing mass
velocity. Unlike external condensation, condensation within the tube is independent of wall

temperature difference (Tsat-Tw) for most operating conditions, except at low mass flow rates.

Figure 3.11-3.12 illustrate the two-phase flow patterns typical of condensation in horizontal tubes.
In the upper diagram, at high mass flow rates, the flow takes the form of an annular flow with the
liquid film at the periphery of the wall, the vapour in the central core, and some liquid entrained
into the vapour from the tips of the waves at the interface of the film (Coker, 2015).

Convective Film of Liquid

Figure 3.11 Stratified flow with film condensation around the top internal perimeter of the tube
(Wolverine Tube Inc., pp. 8.1-8.27, 2006)
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A film of condensate is formed which flows downward from above under the influence of gravity.

The film flows laminarly and mainly downward when the velocity of the vapour core is low.

HIGH FLOW

Annular mist Annular  Annular Slug elongated bubble
with high
stratification

LOW FLOW

Anrwlar mist  Annular Annular Wave Stratified
with high
stratification

Figure 3.12 Typical flow patterns for condensation inside horizontal tubes (Wolverine Tube Inc., pp. 8.1-
8.27, 2006)

When the vapour shear is sufficient and the onset of turbulence has been exceeded, a turbulent film
is formed whose predominant flow direction is axial (Coker, 2015).

For condensation on the air-cooled condenser, the following equations are used as shown in Figure
3.13.

. Aker,
. Shah,
. Dobson & Chato Annular,

. Dobson & Chato Stratified Wavy,
. Dobson & Chato Stratified,
. Thome-EI Hajal-Cavallini Intermitent Mist,

. Thome-EI Hajal-Cavallini Stratified,
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0=0 0= O.snmu
Annular Stratified-Wavy Stratified

Figure 3.13 Simplified two-phase flow structures assumed for annular, stratified-wavy and stratified flow
regimes (Wolverine Tube Inc., pp. 8.1-8.27, 2006)

The example given is for cooling problems and would work with straight condensation problems
that have the approximate range between the dew point and bubble point of the liquid. In cases
where superheating or sub cooling or disproportionate condensation occurs at certain temperatures,
as with steam and non-condensable, calculations for air coolers should be done by "zone". A heat
rejection curve developed from enthalpy data shows the amount of heat that must be removed
between different temperatures. The zones to be calculated should be straight-line zones, i.e., from
the inlet temperature of a zone to its outlet, the heat load per degree of temperature is the same
(Admiraal and Bullard, 1993).

Once the zones have been determined, an approximate rate must be determined for each zone. To
do this, take the rates of vapour cooling, condensation, and liquid cooling, and then average them
based on the percentage of heat load for that phase within the zone. Next, calculate the LMTD of
each zone. Start with the discharge zone, using the final design discharge temperature and the inlet
temperature for that zone. Continue to calculate the zone as if it were a chiller, except that only one
pass and one or two rows should be assumed, depending on the percentage of heat load in that

zone. When calculating the pressure drop, average conditions can be used for estimation.

If the calculations for zone one (or later a subsequent zone) result in a large number of short tubes
with one passage, as is the case with steam and no condensable, recalculate the zone with multiple
rows (usually four) and short tubes with one passage that uses only a percentage of the total
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allowable pressure drop. The total chiller is calculated as if each zone were a chiller connected in
series with the next, except that only the pressure drops of the tubes for the middle zones should
be calculated. Thus, each zone must have the same number of tubes, and the actual environment
must be used in the LMTD calculation. Only the length of the pipes may vary, with odd lengths

acceptable for a zone as long as the total length is rounded to a standard pipe length.

If the calculations for zone one (and succeeding zones) fit well into a longer tube length, the LMTD
must be weighted. After the outlet zone has been calculated, calculate zone two using the inlet
temperature for it and its outlet temperature, which is the inlet temperature of zone one. The
“ambient” used to find the zone two LMTD will be the design ambient plus the air rise from zone
one. Continue in this manner, always using the previous zone’s outlet air temperature in calculating
the current zone’s LMTD. After the cooler size and configuration have been determined, the fan

and motor calculations will be made in the normal manner (Admiraal and Bullard, 1993).

The final pressure drop is the sum of the drops for each zone, or approximately the sum of the
drops for each phase, using the pipe length and diffuser arrangement for each phase. An estimated
total pipe-side coefficient can be calculated by estimating the coefficient for each phase. Then form
a weighted average based on the percentage of heat load for each phase. The total LMTD must be
the weighted average of the calculated zone LMTDs (Russel et al., 2008).
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4. METHOD

In this chapter, the design and modelling techniques and equations of shell-and-tube heat
exchangers and air condensers and their solution methods are presented. First, a general description
of the system is given. Second, the analytical and numerical modelling equations for shell and tube
heat exchangers and the solution methods are examined. Finally, the modelling equations for air

condensers are presented.

4.1 Heat Exchangers Calculation

HEX designers usually use two well-known methods for calculating the heat transfer rate between
fluid streams-the UA-LMTD and the effectiveness-NTU (number of heat transfer units) methods.

Both methods can be equally employed for designing HEXs. However, the e-NTU method is
preferred for rating problems where at least one exit temperature is unknown. If all inlet and outlet
temperatures are known, the UA-LMTD method does not require an iterative procedure and is the

preferred method.

The most used type of heat exchanger is the recuperative heat exchanger (Kakac, 1992). In this
type the two fluids can flow in counter-flow, in parallel-flow, or in a combination of these, and
crossflow. In modelling a shell and tube heat exchanger, a design problem is considered where the
inlet and outlet conditions of the PTSC side (shell side of the heat exchanger) and the inlet
conditions of the ORC side (tube side of the heat exchanger) are known. Using the model
developed, the overall heat transfer coefficient, the heat transfer surface area and the pressure drop

across the heat exchanger are found (Erdogan et al., 2017).

The e-NTU Method:

e Capacity rate ratio:

C..;
C* = min (1)

Cm ax
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e Heat transfer area number:

NTU = )

min
e Exchanger heat transfer effectiveness (for 1-2 shell and tube heat):
2

1+ exp[-NTU(1 + C*?)1/2] (3)
1 —exp[-NTU(1 + C*2)1/2]

E =
1+C*+ 1+ C?)V2

In this study, we will use UA-LMTD method because of all inlet and outlet temperatures are known

UA-LMTD method:

The heat capacity rates for the shell fluid(iso-butane) and the tube fluid(brine) are calculated by
equation (4) and (5).

Cp = (mcp)h = Mprine * Cp,brine (4)

Ce = (mcp)c = Mptane * Cp butane (5)

We need to calculate Log mean temperature difference from the four-given inlet-outlet

temperatures (Kakac and Liu, 1998):

ATy =Tpy — Ty = Tbrine,out - Tbutane,in (6)
AT, =Tpy —Tep = Tbrine,in - Tbutane,out (7)
ATZ - ATl
ATymputane = T (8)
In( / AT1)
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Figure 14 LMTD correction factor F for a shell-tube heat exchanger. Two-shell passes and four or
multiples of four tube passes. (From Standards of Tubular Exchanger Manufacturers Association (1988),
New York.)

TCZ - Tcl — ATC
Thl - Tcl ATmax

p= )

R=—-t=_M "h (10)

P is a measure of the ratio of the heat transferred to the cold fluid to the heat which would be
transferred if the same fluid were to be raised to the hot fluid inlet temperature, therefore P is the
temperature effectiveness of the heat exchanger on the cold fluid side. R is heat capacity ratio
(Kakac and Paykoc, 1988).

F is LMTD correction factor which is nondimensional and depends on P and R.
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VRZ + 1.In[(1 — P)/(1 — PR)]

F= (R-=1DIn[2-P{(R+1-VRZ+1)})/(2 - P{(R+1) + VRZ + 1})]

We may write the total heat transfer rate between the hot and cold fluids:

Qc = (Tth)C(ATC)
Qn = (11cp), (AT))

Qtotar = Qf +Qc+ Qp

Calculation of latent heat,

LH = hvapsat - hliqsat

hyapsar: Saturation of vapour enthalpy
hiigsae- Saturation of liquid enthalpy

The maximum heat load calculation is shown in the equation (16),

Qduty = Qtotal * 1+ Qloss)

Heat flux calculation:

_ Qduty
Aout

We can find the mean temperature:

(11)

(12)
(13)
(14)

(15)

(16)

(17)
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AT, = F-ATlm,butane (18)

The initial size (surface area) of a heat exchanger can be estimated from:

Q

= 1
Aex U.ATm ( 9)
The Length of Heat Exchanger can be found by:
Aex
L= 2
. Do N, (20)

d,: The tubes of diameter
N;: The number of tubes

L: Tube length.

Shell Diameter:

Shell diameter in terms of main constructional diameters can be found as (Kakac and Liu, 1998):

CL <Aex. (PR)2. Dw>7 1)

Dy = 0.637. |~ ;

Tube layout is characterized by the included angle between tubes. Two standard types of tube
layouts are the square and the equilateral triangle. Triangular pitch (30° layout) is better for heat
transfer and surface area per unit length (greatest tube density.) Square pitch (45° & 90° layouts)

is needed for mechanical cleaning (Lee, 2010).
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Figure 15 Square and triangular pitch-tube layouts (utilized from Kakac (1992) )

For the identical tube pitch and flow rates, the tube layouts in decreasing order of shell-side heat
transfer coefficient and pressure drop are: 30°,45°,60°, 90°.

CTP is the tube count constant which accounts for the incomplete coverage of the shell diameter

by the tubes due to necessary clearances between the shell and the outer tube circle (Lee, 2010).
CL: Tube layout constant (CL=1.0 for 90° and 45°& CL=0.87 for 30° and 60°)

CTP: The tube count calculation constant (CTP=0.93 for one-tube pass & CTP=0.9 for two tube

pass)
PR: Tube pitch ratio

P,: Pitch size

PR=-t (1.25 < PR < 1.5) (22)

The heat exchanger consists of tube and shell parts. Separate mathematical equations for both sides
are available for tube and shell section sizing. In this study, each section was analysed and

calculated separately. The formulas of the tube side are as follows.
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Tube-Side Calculations:

The total number of tubes can be predicted as a function of the shell diameter by taking the shell

circle Ds and dividing it by the projected area of the tube layout pertaining to a single tube A:

N, = 0.785 (CTP) D~
e CL ) PR2.D,,? (23)
N;: Number of tube passes
Diameter of outer tube limit calculation,
N 1
t 2.291
(Do “(v158) ) (24)
D
od 1000

After finding number of tubes and the length of the zone using iterative solutions, the heat
transfer surface area of each zone is calculated using Eqg. (25) (Lee, 2010).

Ay = (%) -DtiZNt (25)

The flow velocity in the tube is calculated according to the following equation:

v, = (;"7) (26)

Tube side heat transfer coefficient calculation:
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C
()

Nu = 0.024Re/ 8. pr,0*

e Viscosity of shell-side fluid at Ty pe in

k: Thermal conductivity

Heat transfer coefficient can be calculated by Dittus-Beelter equation:

b =Mu(3)
: g Dy;

Tube-Side Pressure Drop is calculated Equation (31):

f: Friction factor for tube-side
V;: Mean velocity in the tube-side
Dy;: Inner diameter of tubes

p.- Density of tube side fluid at Ty, pe in

We may find the friction factor by Approximate Karman-Nikuradse Correlation:

4%x10% < Re <3x10° = f=(1.58 InRe — 3.28)72
3% 10* < Re < 106 = f = 0.046 Re 02

(27)

(28)

(29)

(30)

(31)

(32)
(33)
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Shell Side Calculations:

Calculation of the number of tubes inside the shell of the heat exchanger:

Dy
Ny =2
tc Lp

Cross flow area equation calculated by shell diameter:

Ac = (Ds — Ni. De)Ly
Calculation of shell side inside diameter,
Ds = Doni ‘|'Pt*i
1000
Transverse and longitudinal tube pitch calculation for layout=45,
Xe = V2 bt
Calculation of central baffle spacing,
Lb, = Dg * ratio g

ratio.ys - central baffle spacing ratio

Inlet and outlet baffle spacing calculations,

(34)

(35)

(36)

(37)

(38)
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Lb; = Lb, * iobsr
Lb, = Lb. * iobsr

iobsr - inlet-outlet baffle spacing ratio

Calculation of baffle cut,

lc = Ds x baffleg,

baffle., — baffle cut percent

Width of bypass lane calculation,

=2x*D,

On the shell side, the angle calculation is specified in the following equation,

l.y 180
9b=2*acos<1—2*—)*

s T

Gross window area calculation,

D? [(deg2rad(8 l
AfTW=—S*<—g > (b)—(l—Z* C)

4
. O
* sin (dengad <7>>>

N

Calculation of diameter central tube limit,

(39)
(40)

(41)

(42)

(43)

(44)
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D (45)

Dcty = Doyt — TSO

Shell side baffle cut angle calculation is shown in equation (46).

D, —2 %1 180
Oct1 = 2 % acos( > - C) * (46)

ctl T

In the equation below, the calculation of the ratio of the total tubes in the window is given,

- 4 deg2rad(8.,) — sin(deg2rad(6.,))

47
4 e (47)
Equation of shell side hydraulic diameter of window
Dh,, =4 Aoy
w = *
D deg2rad (0 (48)
”*1080*Ntw+”*Ds*<ngn(b))
Net flow area in one window equation shown in below
Flow velocity at shell:
V, = (ms) 49
s = pAC ( )

Shell side heat transfer coefficient calculations
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Res=<

Nu

Colburn j factor equations

JidealFactor = al * - | * (Reg)*?

a =

Baffle cut and spacing effect correction factor equation is shown below,

pVDto)
M

Cpu
re=(P)

= 0.2Re,*®. Pr,0*

1.33

D,

a3

1+ 0.14 * (Re,)**

J.=0,55+0,72 % F,

Shell-to-baffle leakage effect equation is shown below,

Ji=044%(1—1)+ (1 - 044 (1 —1)) * e-22*7m)

Bundle bypassing effects correction factor calculation

(50)

(51)

(52)

(53)

(54)

(55)

(56)

(57)
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Inlet and outlet variable baffle spacing correction factor equation,

N, — 1 + (iobsT)1™"" + (iobsr)t~™"

Js = N, — 1 + iobsr + iobsr

Shell side actual heat transfer coefficient equation,

hg = hig *Jc*Ji % Jp * Js * ]

Heat transfer coefficient can be calculated by:

e = Nu ()
s ="\,

(58)

(59)

(60)

The shell-side ideal pressure drop depends on the number of tubes the fluid passes through in the

tube bundle between the baffles as well as the length of each crossing.

p. ch 2
APideal:fTNrc + Kw

Ny = rcl(Nb + 1)

L

N, = L 1
0.75D;

Tl 7 0.867L

Shell side friction factor was calculated by Equation (65).

f =exp(0.576 — 0.19 In Rey)

(61)
(62)

(63)

(64)

(65)
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where;

Gs.D
400 < Re, = Su £ <1x10°
b

Ideal friction factor equations,

D¢

fia =3.5% <(1.33 * &)b) « (Res0476)

_ 6.59
"~ 14 0.14 * Re25?

b

Ap A and A coefficient equations

<—D*rb*(1—(2*Nssplus)%>>

A = e(—1.33*(1+r5)*r£n)

1 = (Lbc) N (Lbc>
S \Lb, Lb;

Ab=e

2—-nprime 2—nprime

Pressure drop equations,

AP, = deltayy,, * (N, — 1) * Ay * A
Gy

AP, =N 2+06+«N _——
v b*( * ’ 7/'CW)*z*gc*pcold

*/11

Nr.,,
APlO=2*APbld*(1+N )*Ab*ls

rC c

(66)

(67)

(68)

(69)

(70)

(71)

(72)

(73)

(74)
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Shell side pressure loss equation is shown below,

APspen = AP, + AP, + AP, (75)

The overall heat transfer coefficient U based on the outside diameter of tubes can be estimated

from;

1 y
r=1 Do (76)

Uc=
1 1D,
Rt R Dy T, TR,

()

0
ti
Heat load of a heat exchanger can be estimated from heat balance:

Qr = UfAAT, (77)

Calculation of safety factor for fouling in heat exchangers:

U
Fp = U_f <135 (78)
Safety factor for heat transfer:
F, = & =1
Q (79)

4.1.1 Nucleate Pool Boiling Correlations

Experimental results for heat flux q and wall superheat AT are usually fitted to an exponential

equation with one of the following forms: g < ATn , anb o< ATn, or anb o gn, where n is on the
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order of 3, 2, and 0.7, respectively. The curve for nucleate boiling is not linear at low heat fluxes
or when approaching DNB (departure from nucleate boiling), but these zones are often excluded
(or not measured) when fitting a curve to experimental data. The correlations for nucleate pool
boiling can be formulated in any of the above forms, but those represented as onb o gn are the
easiest to apply. Below we present some nucleate pool boiling correlations that are empirical
representations of experimental data (Wolverine Tube Inc., pp. 9.1-9.38, 2006).

1.Rohsenow correlation

In 1952 Rohsenow recognized the influence of the combination of liquid and solid on heat
transfer during boiling and developed a more general correlation (Tarrad, 2011):

n

AT
L = » Pyt (80)
hrg He * heg |9 * (L — Py)

The heat transfer coefficient is obtained from the definition of the heat transfer coefficient

h_nb = (g/ DT). The values of the exponents are m = 0.7 and n = 0.33 for all liquids except water,
for which Rohsenow recommended m = 0. The values of the surface fluid factor (Csf) for different
surface-fluid combinations are suggested by Rohsenow with an accuracy of +20% for the above
correlation. This parameter apparently considers the contact angle, surface micro-roughness and

their interaction in determining the nucleation density (Tarrad, 2011).

2.Kruzhlin correlation

In 1947, Kruzhlin proposed the following correlation, in which no special effort was made

to explain surface properties:

hup *d heq * 07 (Tox ey % 0y, % p\ o
mb " E _ 0.082 (221 s TOLEPL)  ppooss (81)
k g*Ts*k hig * p5 * d
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3.Kutateladze correlation

Kutateladze simplified Kruzhilin's relation at the expense of its accuracy and developed an

expression for the Nusselt number in the case of boiling:

P 2
3 -2 _
k hf ( )
_ -9, g Py 82
h,p = [3.37 %10 *d*<ch*q> * oL*g (82)
PL — Py

4.Labuntsov correlation

Labuntsov derived the correlation that does not require an input of latent heat of

vaporization (Tarrad, 2011):

o, \%67 k2 0,33 -
_ 0,7
h,, = 0.075 [1 + 10+ (pL 2 pv> l 5 (U e 27&15) v q (83)

5.Foster-Zuber correlation

Foster, used bubble radius and the bubble growth velocity and obtained the following

correlation:

k079 « C0,45 % 049
g = 0.00122 pL._"PL

1,24 0,75
505 % % h});“ « p02 * AT * APqy (84)

6.Mostinski correlation

Mostinski neglected the surface effects and applied the principle of corresponding states to
the heat transfer data of the boiling process of nuclear pools and related the data as a function of

the reduced pressure of the liquid and its critical pressure (Tarrad, 2011):
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h,p = 0.00417 % q%7 x P9%% « Fpp. (85)

7.Stephan-Abdelsalam correlation

Stephan proposed four specific correlations that apply a multiple statistical regression

technique to water, refrigerants, organics, and cryogens. These correlations use the physical

properties of the fluid evaluated at the saturation temperature and are therefore referred to as

physical property-based correlations. They proposed the following correlation for refrigerants,

whose mean deviation was 10.6% in the reduced pressure range of 0.003-0.78 (Tarrad, 2011):

hup * d q* db) (pv i
=2 v, p 0.533 86
k 07*<k*TS * pL> e (86)
8.Pioro correlation
Pioro modified Rohsenow correlation:
hop * d 3 q ’
k Cop * 05 0,25
py” * heg x [0y, * g(p, — py)]® (87)
Tube side equations:
Calculation tube inner diameter in heat exchanger:
Din:DO_Z*t (88)

Number of tubes calculation:
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Aout

Ny = ———
D, xmx L,
A,— Area (outside) required
L— Tube length
Tube pitch calculated by equation (90):
TP = D,*PN
PN — Pass Number
Number of tubes per pass:
N,
Neww = By
Tube-side flow area per pass
Ao_pp = Dlzn *TC* thp

Calculation of the velocity of the fluid passing through the tube:

Viuve = m

Tube-side Reynolds number calculated by equation (94):

(89)

(90)

(91)

(92)

(93)
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m* Dy

Reype = Ay * i (94)
The tube side Nusselt number calculation is as follows:
Ntgype = 0.024 % Regype™® * Print (95)
Tube side heat transfer coefficient calculated by equation (96)
heuve = (NUgype * knot)/Din (96)

We chose the Labuntsov correlation, which is more convenient to calculate as the total heat transfer

coefficient.
h,, =h
nb Labuntsov (97)
U 1
dirty = D,
SRS B i A U U S
hLabuntsov FCcold 0 2% ktube Din FChot htube
FC.,14— Cold side fouling coefficient
FCp,: — Hot side fouling coefficient
k:.pe — Tube conductivity
1
Uciean = D, 99
hLabuntsov 0 2x ktube Din htube
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Calculation of tubes bundle diameter with equation (100).

cL 1
Dpunaie = 0.637. ﬁ(n * Ny x TP*)2

N¢- number of tubes

TP — tube pitch

CL — tube layout constant
CTP — tube count constant

Shell diameter calculation for heat exchanger:

Dspetr = Dpunate * Aratio

Liquid level calculation

Lliquid = Dpundie * dliq.ratio

dyiq ratio — liquid level to bundle diameter of ratio

Width liquid level equation

Dshell
Wy =2+ |Lyguia *
j Y1000 — Lyjguia”

Surface area of liquid

(100)

(101)

(102)

(103)
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Aliquid = Liype * W,

(104)
Equation for calculating the vapour velocity at the surface
v — Meota
vapour p * Aliquid (]_05)
Calculated the friction factor to find the pressure loss inside the tube
ftube = (1-58 - log(Retube) o 3-28)_2 (106)
Tube side pressure loss calculated by equation (107):
AP =4 (f*Li+1) N, 2 107
= * * k — % *
4.2  Air Cooled Condenser Equations
The basic equation for heat transfer for ACC:
Q = UA* CMTD (108)

Normally Q is known, U and CMTD are calculated, and the equation is solved for A. The ambient
temperature to be used is either known from available plant data or can be selected from summer
dry bulb temperature data. The design ambient air temperature is usually considered to be the dry-
bulb temperature that is exceeded less than 5 percent of the time in the area where the system is
required (Tulsa, 1998). The heat load is calculated by:
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q =mxAh (109)

When calculating LMTD, a complication arises because the air volume is a variable and therefore
the air outlet temperature is not known. The procedure described here begins with a step to
approximate the rise in air temperature. After the air outlet temperature is determined, the corrected
LMTD is calculated in the same manner as described in the tubes and shells section, except that
MTD correction factors of 1.0 must be used for four or more passes if the passes are above and
below each other (Tulsa, 1998). A correction factor of 1.0 can be used as an approximation for

three passes, although in some cases the factor will be slightly lower than 1.0.

The procedure for thermal design of an air cooler is to assume a selection and then prove that it is
correct. Typical total heat transfer coefficients are used to estimate the required heat transfer area.
The heat transfer area is converted to a bundle area using Table 3.1, which lists the available
expanded surface area per square foot of bundle area for two specific finned tubes with two
different tube pitches for 3, 4, 5, and 6 rows. After you assume a tube length, Table 3.1 is also used
to determine the number of tubes. Both tube-side and air-side mass velocities can now be
determined (Tulsa, 1998).

LMTD can be calculated by:

AT, — ATy,
ln(A—T")
AT, = Th,i - Tc,o ATy, = Th,o - Tc,i (111)
Overall Heat Transfer Coefficient is calculated with:
= () (5) e (B) ey (12)
S JR— * —_— E3 —_— —_—
Ux ht Ai Tat Ai Tmx ha

Air temperature rise is estimated with:
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U T, +T
At, = (6—S+0,1)*( ! - 2 —t1> (113)

Required surface area is calculated with:

_ Q
A = (U, * CMTD) (114)
Face area is calculated with Fin parameters from Table 3.3:
A,
= 115
Fa = Zpsm (115)

With assumed width of ACC, tube length is calculated (3 values assumed for length of all ACC)

F,
Width = T“ (116)

Number of tubes can be found by APM factor from Table 3.3:

N, = A 117
¢ =@M - () ()
Tube side mass velocity is calculated with:
Wi * Ny,
6= (3 (118)
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Tube side Reynolds number calculated with:

D;+G
N, = % (119)

Tube side pressure drop can be calculated by the following equations:

f*Y*L=*N.

AP, = p P+B=*N, (120)

Table 4.1 Correction Factor for Fluid Viscosity Within the Tubes (Tulsa, 1998)

Correction factor*when ¢ = (i)o.m

w Correction Factor, ¢
Hydrocarbon vapour; steam; water 1
Hydrocarbon liquids (18 to 48 API), MEA/DEA solutions 0,96
Water/glycol solutions; heat transfer fluids 0,92
Lube oils; heavy petroleum fractions (10 to 18 API 0.85

en N, < , 0 = (—)" eynolds number of less than is only likely for
*When N,. < 2100 : 0.14 A Reynold ber of less than 2100 is only likely f

lube oils or heavy petroleum fractions. The minimum recommended value of ¢ to use in
Step 10 is 0.80, even though the calculated value may be lower.

Tube side film coefficient using J factor from

_]*k*(”,:ﬂ) * ¢ (121)

Air flow rate can be calculated by:
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W, =——
O Cpe * Aty
Air face mass velocity can be calculated by:
W,
Gy =—
Fq
100 R R swaa
80 — —
L e e e b B s
50 fr et
-Cm ;ii & .ﬂ?.i; /
- - 40 —
50 R
o [
3E
= CEECRIAE X
EF E 5
i 20 |
10 bl ;
1 2 3 4 5 6 7 8 910

Air face mass velocity, G,
kg/(s * m?)
Note: Figures 10-17 and 10=18 apply only to

25.4 mm OD, 15.9 mm high fins, 394 fins/m,
64 mm A pitch fintube banks,

Figure 16 Air Film Coefficient (Tulsa, 1998)

Annular flow condensation correlation is calculated by equation (124):

(122)

(123)
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0,8 0,4 2’22
Nu(x) = 0,023 x Re;;” * Pr;, " [1 + —089 (124)
tt
The stratified-wavy heat transfer coefficient:
0,23 * Regy?  [Gay * Pry1>®® Ostart
Nu(x) = * [ ] + (1 - Nu 125
( ) 1+ 1'11 N X;)l:sg ]aL ( )/ start ( )

Forced convection condensation in the stratified liquid is correlated as:

1/2

C
Nusmrt = 0,0195 x Relos'8 * PT'LOA l1,376 + )(—;2 (126)
tt

Air side heat transfer coefficient is calculated 3 different formulas and lowest of them is used in

design:

L /g\16t [\ 0075
Nu = 0,1507 = Re%®%7 % Pr3 « | — x| — (127)

Ly tr

L[5\ 029
Nu = 0,1378 * Re%718 x Pr3 % <Z_> (128)

f
1 S 0,2 S 0,1134
Nu = 0,134 * Re%®81 x Pr3« [ —| «[|— (129)
Ly tr

We can calculate the overall transfer coefficient by equation (131):

Ax _ (AR) x (D,) (130)
A; D;
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= () @) e (3) e,

— = |—) % |— * | — e

Ux ht Al rdt Al me ha ( )
Minimum fan area for Air Cooled Condenser calculated with equation (132):

0,4 x F,
FAPF = ——2% (132)

Nnum.of.fans

Static pressure drop for Air Cooled Condenser calculated by equation (133):

AP, =P 133
« =5 (133)
Actual air volume using DR of air at fan inlet:
acms = — Mo
- 134
Dr(l,ZOS% (134)

Approximate fan total pressure drop using DR of air at fan and fan area:

kg
Pr = APy + D(0,975—3) (135)
Approximate brake horsepower per fan, using 70% fan efficiency

ACMS * PF

Fan P = 1
an rower fanefficiency (136)
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At low vapour shear, the condensation process on the inside around the top and sides of the tube is
very similar to that on the outside of a horizontal tube. Therefore, the Nusselt falling film analysis
can be applied to the upper zone of the tube, which was first done by Chaddock (1957) and then
by Chato (1962). The cross-sectional area of the stratified fluid layer at the bottom of the tube can
be determined from the local void fraction €. Then the angle Ostrat of the stratified fluid can be
determined from the geometry (Wolverine Tube Inc., pp. 8.1-8.27, 2006). The local heat transfer
coefficient at this vapour quality x is obtained by multiplying the respective heat transfer

coefficients with respect to the fraction of the circumference they occupy as

6 T—60
a(x) = S::Tt ar + T[Start Astart (137)

Ostrat - the angle between the top of the tube
af - the average heat transfer coefficient for the film obtained

Assuming that Bstrat is negligible compared to af, the second term can be neglected while af is

determined as follows:

1/4
Pr * (pL - pG) *g* kg * hLG / (138)
Uy * di * (Tsat - Tw)

af:.Q

Q is a geometric function of Ostrat.

Their superficial liquid Reynolds number Re;is

d;x(1—
Reyy = M1 7% (139)
My,

The MARTINELLI parameter for turbulent flow in both phases, X;; is
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X, = (1 — x) . (p_6>0'5 ) (”_L)O'l (140)

Epsilon coefficient equation is shown below,

1
&= 7
1—x\  (py\3 (141)
1+ ( X ) * (E)
The liquid Galileo number Ga; for the tube is
* * — * d3
GaL — g *PL (pL2 pG) i (142)
U
while the vapour only Reynolds number Reg, is
R m * d;
e =
T g (143)
Forced convection condensation in the stratified liquid is correlated as
c 1/2
Nigpqre = 0,0195 % Re® « pro* [1,376 + X—iz (144)
tt

Dobson and Chato (1998) have proposed a far-reaching improvement of Chato's (1962) method,
including both a stratified-wavy flow method with film condensation from top to bottom of the
tube and an annular flow correlation. Their correlation for the annular flow of condensation is as

follows.
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(145)

0,89

Nu(x) = 0,023 = Relos’8 * PrLO'4 ll +
tt

2,22]

The stratified wave heat transfer coefficient is obtained by multiplying the film condensation
coefficient at the upper circumference of the tube (left term) and the forced convective heat transfer

coefficient at the stratified circumference (right term) as

0,23 « Re%'?  1Ga, » Pr;1*%®
1vu(x)=1 ] ;‘;‘58* ;a L] +(1
t LA Xy y (146)
estart
- )/Nustart
The liquid Jacob number ja,
Cpi(Terr — T,
]aL:M (147)

hLG

Assuming that all the liquid in the bottom of the tube is stratified (neglecting the condensate that
forms on the walls), the angle from the top of the tube to the stratified layer of liquid in the bottom
Ostrat is then determined (Wolverine Tube Inc., pp. 9.1-9.38, 2006)

Ostrac = (M — arccos - (2 - —1)) (148)

and the liquid Froude number Fr; is

m
Fr,=— o 149
L pr * g *d; (149)
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Wall temperature equation,

Twall — Tsaturation2+ Tair inlet (150)

Tube Side Heat Transfer Coefficients:

The refrigerant heat transfer coefficient for the superheated region in the condenser is calculated:

2
h, = C; * G, * Cpy ¥ Pr™3 x Re©? (151)
1.10647 Re < 3500
C, =13.5194x107 3500 < Re < 6000 (152)
0.01080 Re = 6000
And
} -0.78992 Re < 3500
C, =< 1.03804 3500 < Re < 6000 (153)
' -0.13750 Re = 6000

The heat transfer coefficients for the super cooled region of the condenser are calculated using the
Dittus-Boelter correlation for fully developed flow, which is recommended for simulating heat

exchangers in heat pump systems

h, = 0,023 * G, * Cp,. % Pr=070 + Re=0:20 (154)

Air Side Calculations:

The most widely accepted correlations for the airside heat transfer coefficient and the airside
pressure drop are those derived from the experimental work of Edwin H. Young, Dale E. Briggs,

and Ken E. Robinson at the University of Michigan, Ann Arbour.
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The general correlation for heat transfer through a series of finned tubes is as follows:

0,1134

S\*? (S
Nu = 0,134 = Re®681 « pr033 « (E) * <E>

Nu - Nusselt number, dimensionless
Re - Reynolds number, dimensionless
Pr - Prandtl number, dimensionless

S - fin spacing, in.

h - fin height, in.

b - fin thickness, in.

Centre-to-centre distance between the fins along the flow direction.

Dyp— Tube Pitch diameter

Diagonal pitch:
Sp = ((Dp/2)* + SP)°°
Distance measured normal to the flow direction

Srp = (DTP + d)/2

Air quantity calculation for air side evaluated by equation (159)

(155)

(156)

(157)

(158)
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We = th/(cpair * ATgir)

Volume flow rate

P = Myir
Dair
Velocity of air equation,
|4
Vair = Z
If S7p>Spp, the air velocity equation
DTP Vair
Vair-max = 1000 o ( D, )
2 * SD -
1000

Fin spacing calculation is shown in the following equation (163)

FIN= (1-FPM*t;,)/FPM

FPM - fin per meter
trin— FIN thickness

Calculated Reynolds number by equation (164)

_D*V

Re
"o

Air face mass velocity calculation is as follows:

(159)

(160)

(161)

(162)

(163)

(164)
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(165)

Since all resistances must be based on the same surface area, it is necessary to multiply the

reciprocal of the tube-side film coefficient and the tube-side contamination factor by the ratio of

the outer surface area to the inner surface area (Russel et al., 2008). This yields a total transfer rate

based on the expanded surface area, which is referred to as Ux. The equation for the total heat

transfer rate is:

= () B) e () # a1
—_— = — x| * | — J—
U,  \h) \a;) TTae\g) T T

A,— outside extended surface of tube, m?

A;— inside surface of tube, m?

Tmx— Metal resistance referred to outside extended surface
r4i0— fouling resistance

The tube inside film resistance calculated by equation (167):

1 d,
'r. = — % —
Lo ; dl
The tube inside fouling resistance calculation:
dp
Tdio ==Tai*zz'

The logarithmic mean temperature difference is calculated by the following equation

(166)

(167)

(168)
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LMTD = Q/(U, * 4,) (169)

Fan Calculations

Fan area calculation for ACC follow as:

0,4 x F,
FAPF = ——2% (170)

Nnum.of.fans

F,— total face area of bundles, m?

Fan diameter which is important to optimize Air flow and power consumption can be evaluated by
Equation (171):

Dign = [4 * (FAPF)/m]%5 (171)

Air pressure difference calculation,

Fp * Ntube row

AP, = D, 172)
Static air pressure drop can be calculated by the following equation (173):
E, * N
AP, = (173)
Dy

Calculate actual air volume using DR of air at fan inlet

62



Wa
ACMS = ———— (172)

kg
D,(1,203 5

Approximate fan total pressure using DR of air at fan and fan area.

k
P; = AP, + D,(0,975 m—gg) (175)

Approximate fan total pressure using DR of air at fan and fan area

2
ACMS
Pr_y1 = APy + D, ¥ 0,975 x ( 2 Zl) (176)
fan
Calculation of fan power for ACC
Fan P _ ACMS * PF 177
an Fower = fan ef ficiency (
Pressure Drop in Tube:
Two phase calculation is enough other pressure drops are negligible
x 1—x_,
Dhomogenous = (E + P ) (178)

Calculation of the flow rate equation per tube according to the number of tubes is as follows

m _ Mpot
hOLPE ™ Num.of.Tubes

(179)
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Flow rate of the liquid flowing in the tube calculated by equation (180)

Myiquid = Mhpot.pt * (1-x) (180)

Gas flow rate in tube

Myas = Mpot.pt * X (181)

Zone-3 Zone-2 Zone-1

Figure 17 ACC Phase Diagram

Figure 4.4 shows the phase change diagram of working fluid inside of tubing of ACC: zone-3
(cooling)., zone-2 (condensing-phase change), zone-1 (sub-cooling). All calculations of ACC

should be performed for each zone individually. The flow speed inside per tube calculated by

equation (182)

4

—_h (182)

U = Mpotpt *

Reynolds number for liquid in tube calculated by equation (183)

64



v-Djp - (1—x)

Reliquid = 7
Reynolds number for gas in tube
v-Dy, X
Regas = :l

Friction factor for the liquid flowing inside the tube calculated by equation (185)

f 0,079
Liquid — Reliquido'zs
Friction factor for gas in tube
f 0,079
G =025
as R gaSO,ZS

The total pressure loss of the liquid in the tube is calculated by equation (187)

APliquid = (4= fliquid * L o* p)/(mz * Din)

The dimensionless factors Fry,, E, F and H are as follows:

(183)

(184)

(185)

(186)

(187)

(188)

65



pL* fe
Pe * 1

F = x078 « (1 — x)0224
0,19 0,91
- ) -

1253 PG 259

The liquid Weber We; is defined as:

E=(1—-x)%+x%%

The multiplier equation between the two phases:

3,24+ FH

o7 =E +
fr WeL0’035 N Fr,?ms

Calculation of pressure loss

APyyss = APliquid * q)]%r

(189)
(190)

(191)

(192)

(193)

(194)
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5. ORC DESIGNER PROGRAM DEVELOPMENT AND
CALCULATIONS

An ORC Designer Program have been developed under this thesis by using MATLAB software.
MATLAB Program consists of three m. file editions for sub equipment: ACC design, preheater
design and evaporator design which have a lot of loops and iterations. These three main equipment
calculations are made with MATLAB program while main iterations, loops and ORC Designer

Program for all ORC system created by APP Designer Tool Program in MATLAB.

Due to the ORC Designer program contains too many loops and conditions; the calculations of a
single loop for evaporator, preheater and air-cooled condenser are presented in this section as an

example. Therefore, some results of the first loop can be higher or lower than final results.

5.1 Calculations for a Loop as an Example

5.1.1 Evaporator Calculations

In evaporator calculations, input values are divided into two as hot and cold sides. Normally only
hot side inputs are used for the design calculations while the working fluid (cold) side properties
are evaluated by several loops and conditions. However, one loop calculations by using some
assumptions of working fluid side are performed in this section to show calculation methodology.
Hot side inlet and outlet temperatures Tyrinter = 90°C and Thoroutier = 68.393°C, pressure
Pyo: = 3 bar, mass flow rate my,, = 150000 kg/h, hot side fouling resistance FF,,; =
5.682x 103 m2C /W assumed. Cold side inlet and outlet temperatures T,y ginier = 60.393°C and
Teotdoutter = 63.393°C, pressure P4 = 2.6 bar, mass flow rate m.,;,; = 39790.878 kg/h, hot
side fouling resistance FF,,,; = 1.136 x 10* m2C /W assumed. In the input values, the assumed
pressure loss for the cold side is APL.,; = 0.3 bar, the general heat transfer coefficient
assumption is OHTC;,,, = 1600 W /m?C. Input values of the tubes inside the evaporator: tube
outer diameter D, = 25.4 mm, tube wall thickness T;,,. = 2.1 mm, tube conductivity k... =
55 W /me°C, tube length L;,,. = 10 m, pitch ratio PR = 1.5, tube layout TL = 45, tube count
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constant CTP = 0.9, tube layout constant CL = 1, shell diameter to bundle diameter ratio d,;;;, =

2 and liquid level to bundle diameter ratio d;; q¢io = 0.9.

LMTD & EMTD calculations:

Log mean temperature difference calculation is shown below according to the given input-output

temperatures,
ATl = ThOt inlet — lcold boilsat — 90 — 624‘259 = 27574‘1 °C

ATZ = ThOt outlet — TCOld boilsat — 68393 - 624‘259 = 5967106

AT, — AT, 27.5741 - 5.9671

LMTD = = 575741 = 14.1165

AT =
In(™"%/p7,) In(5g677)

The saturation temperature at boiling (T.oid boitsar = 62.4259°C) is taken from the
thermodynamic table according to the difference between the pressure on the cold side (P.o;q =
2.6 bar) and the assumed pressure loss (APL.,;; = 0.3 bar). The heat capacity and temperature

efficiency ratio of the heat exchanger are calculated according to the following equations:

Co _Tm—Tw_ 90-68393 . .  ,_ To—Ta 6339360393
Cn Top—T, 63393-60393 " T Twm-T,  90-60.393

= 0.1013

Calculation of the correction factor based on the heat capacity and the temperature efficiency of

the heat exchanger:

VR? + 1.1n [%]
2-P{(R+1-VRZ+1)}
2—-P{(R+1)+VR? + 1}

V7.20237 + LIn [— 101013

_ 0.1013 * 7.2023 = 0.9494

2 —0.1013 * {(7.2023 +1-720232 + 1)}
2—0.1013 = {(7.2023 + 1) +v/7.20232 + 1}

F =

(R—1)lnl

(7,2023 — 1) In
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Effective mean temperature calculation:

EMTD = LMTD * F = 14.1165 * 0.9494 = 13.4022

Thermal Calculations:

In order to calculate preheating heat load, the liquid enthalpies at the inlet and at the start of boiling
are taken from the thermodynamic table according to the given cold side inlet temperature

(T;o1dinter = 60.393°C) and saturation temperature (T,o14 poiisar = 62-4259 °C) at boiling.

Meowd 39790.878
Qpr = (hcold boilstart — hcold inlet) * % =~ (6.428836 10* — 5.9200x 104) * T

= 56.2360 W
The cold side latent heat calculation equation is given below,
LH o1a = heotavapsat — Reotatigsar = 3-9941 x 10° — 6.4288x 10* = 3.3512x 105 ] /kg

The saturation liquid enthalpy (hcoiaiigsar = 6-4288x 10%) and saturation vapor enthalpy

(Recotavapsar = 3:9941x 105) used in this equation are taken from the thermodynamic table.

According to these calculations, the boiling heat load equation is shown below,

Mot 39790.878 ; ;
Qo = — 5 * LHeoig = ——5——*3.3512x 10° = 3.7041x 10° W

In order to calculate the Overheating Heat Load, the vapor outlet enthalpy (hcoiavapout =

4.0095x 10°) for the cold side and the vapor enthalpy at the boiling end (A.oiaboitend =
3.9941x 10°) are taken from the thermodynamic table.
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Meold 39790.878
Qon = (hcoldout - hcoldboilend) * % = (4.00959( 10° — 3.9941x 105) * T

=17.0298 W
Total heat load calculation:

Qtotar = Qon + Qpi + Qpr = 17.0298 + 3.7041x 103 + 56.2360 = 3.7774x 103 W

Assuming the heat loss is 0.05 (Q;,ss), the maximum heat load calculation is shown in the equation

below:
Qauty = Qrotar * (1 + Qoss) = 3.7774x 10° * (1 + 0.05) = 3.9663x 103 W
Required Area calculation:

Qauty * 1000 3.9663x 103 %1000

Aout =—FmTD = 13.4022
OHTC,. 1600

= 184.9640m?

Heat flux calculation:

_ Qauty _ 3.9663x 10°
© Apue  184.9640

= 21.4434 W /m?

Calculation of kinematic viscosity
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hliquid 1.2377x 10_4
v = =

- = 2.1271x 10~ 7m?
o, 581.9057 x 107 m%/s

The dynamic viscosity value (hjiqyiq = 1.2377x107*) in the equation is taken from the
thermodynamic table according to the saturation temperature (T.oi4 poitsar = 62.4259 °C) at

boiling.

The calculation of the Labuntsov correlation was made according to the equation given below,

oy 0.67 k2 033
h —0.075 |1 + 10 ( ) 7
labuntsov l + * pL — Py l * (U g * (T, + 273,15)) "4

= 0.075* 1+ 10 ( 0 )0.67
= 0.075 = + *
581.9057 — 6.4538

( 0.0995%
*

0.33
0.7
2.1271x 1077  0.0116 * (62.4259 + 273_15)> *18.5856

= 2.6709x 103W /m?*°C

The vapor, liquid densities (p, = 6.4538 kg/m3, p, = 581.9057 kg/m3) given in the equation
are taken from the thermodynamic table according to the saturation temperature (T;o14 poitsar =
62.4259 °C) at boiling. Surface tension and liquid thermal conductivity (6=0.0116, k=0.0995) in
the equation are taken from the thermodynamic table according to the cold side inlet temperature
(Teotainter = 60.393°C).

Tube Side Calculations:

Tube inner diameter calculation,

Din = Doyt — 2 * Trype = 254 —2 % 2.1 = 21.2mm

Calculation number of tubes
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Ayt (184.9640)
- = %
Doye * T * Ly 254 % 3.14 10

N, = 2 * =231

The number of tube pitch was calculated according to the following equation,

TP =D, * PR =254%15=381mm

Calculation of the number of passes between tubes according to the pass number (PN=2),

N, 231

thp = W = T = 1155

Calculation of tube-side flow area per pass,

2
Ay pp = ( Din )2 % 17 % Ny = 21z %3.14 %+ 115.5 = 0.0408 m?
o_pp tpp
2000

The velocity of the fluid passing through the tube is calculated according to the following equation,

J_ Mnot/3600 _ 150000/3600
P T oot * Ao pp  972.3786 * 0.0408

= 1.0510m/s

Calculation of tube side Reynolds number,

21.2
Mpot * Din (150000/3600) * (—1000)

= = 6.0572x 10*
Ao pp * Hhot 0.0408 * 3.5769x 104 X

Reiype =
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The density and viscosity values (ppo: = 972.3786, tpor = 3.5769x 107%) used in the
calculations are taken from the thermodynamic tables according to the mean temperature
(Thotpean = 79-1965 °C) of the hot side.

The tube side Nusselt number calculation is as follows:

Ntype = 0.024 # Repype*® * Prot = 0.024 * (6.0572x 10%)08 « 2.2515%4 = 222.3397

The Prandtl value (Pr,,; = 2.2515) is taken from the thermodynamic table according to the hot

side mean (Tye,,,,, = 79.1965 °C) temperature.

Tube side heat transfer coefficient calculation with the obtained values:

Reuve = (NUpupe * knor) /Din = (222.3397 * 0.6666)/(21.2/1000)
= 6.9908x 103 W /(m?°C)

Overall Heat Transfer Coefficient Calculation:

The OHTC equation is divided into two parts, dirty and clean,

— 1
dirty — ]Og Dout
1 1 D.. D 1 1
+ + D, * L Ul +
hrapuntsov ~ FFeola © " 2% keype Dy (FFhot htube)
_ 1
) 1 1 log—25'4 25 1 1
21.2 4
7.6709x 105 T T136x 107 T 224 * 2558 T212* (5.682x 103 T 6.9908x 10° )

= 1.1165x 103 W /m?C
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1

Uctean =

log&
1 . %D Dy, 1
hLabuntsov 0 2*ktube Din htube
1
- 25.4
1 log515 254 1

76709x 105 T 224 * 2558 212 * 69908x 10°
= 1.6756x 103 W /m?C

Calculation of tubes bundle diameter:

CL 1 1 1
Dypundaie = 0.637. ’ﬁ(n * N, x TP?)2 = 0.637. ’5(3.14 x231+%38.12)2=728m

Calculation of shell diameter for heat exchanger:
Dshenr = Dpundte * Aratio = 728 * 2 = 1456 m
Calculation of liquid level in the heat exchanger,
Liiquia = Dounate * diigratio = 728 % 0.9 = 0.6552 m

Width liquid level calculation is shown below,

W, =2+ |L Dsnet 2+ (0.6552 1456 1.4487
— % . ..ok = * . * = 1.
l liquid 1000 — Lliquidz 1000 — 0.65522 m
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Surface area of liquid calculation:
Atiquia = Ltupe * W) = 10 * 1.4487 = 14.4870 m?

Equation for calculating the vapour velocity at the surface,

39790.878
Meota W m
. _ _ =0.1182—
vapour = i, "y Aliquia 64538 * 15.5218 S

To find the pressure loss in the tube, it is necessary to calculate the friction factor,
fruve = (1.58 * log(Reyyp.) — 3.28)72 = (1.58 * log(6.0572x 10*) — 3.28)"2 = 0.0050

Calculation of tube side pressure loss:

* L 1
4*(]#“)*%*7*%“*%“2

out

AP = 10000
4+ 2992510 14 )24 9723786 « 1.05102
1000

= 10000 = 0.1278 bar

These results are calculated for only one loop without optimizations and iterations which were
made in the preheater part MATLAB.
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5.1.2 Preheater Calculations

In the preheaters, the input values are divided into two as hot and cold sides. Hot side inlet and

outlet temperatures T printer = 68.393°C and Ty proutier = 64.947°C, pressure Py, = 3 bar,
mass flow rate my,; = 150000%‘9= 41.66 kg/s, hot side fouling resistance FFj,; =

1.760x 10~* m2C/W are assumed while the cold side inlet and outlet temperatures Teoiginter =
38.034°C and T,p1g0utier = 60.393°C, pressure P.,;q = 2.62bar, mass flow rate
Me1g=39790.878 kg/h = 11.05 kg/s , hot side fouling resistance FF,,;;=8.800 x 10~> m?C/W are
assumed as input at the beginning of design. Input values of the tubes inside the preheater: tube
outer diameter D, = 25.4 mm, tube wall thickness T;,,. = 2.1 mm, tube conductivity k;,,. =
45 W /me°C, tube length L.,;,. = 10 m, pitch ratio PR = 1.5, tube layout TL=45, central baffle
spacing ratio.,s=0.6, number of tubes N, = 80, inlet-outlet baffle spacing ratio iobsr = 1.15,
baffle cut percent baf fle,=0.25, pass number Np=2, number of sealing strip pairs Ng=1, tube to
baffle diameter clearance S;;,=1 mm, shell to baffle diameter clearance S,,=3 mm are selected. The

diameter of outer tube limit can be calculated as follows:

Tube side inside diameter calculation:

di=Dy, —2*Tpe =254 —-2+21=212mm

Tube pitch calculation:

pt = D, * PR = 254 % 1.5 = 38.1 mm

Shell side inside diameter calculation:
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=0.4630m

2
Ds= D — = 0.387 Nt
s Otl+pt*1000 0.3870 + 38 *1000

Transverse tube pitch calculation for layout=45 can be calculated:

X, =V2*p, =V238.1 =53.7401 mm

Longitudinal tube pitch calculation for layout=45:

X, =V2*p, =2 %381 =53.7401 mm

Central baffle spacing calculation:

Lb, = D * ratio.,s = 0,4630 x 0.6 = 0.2778 m

Inlet baffle spacing calculation:

Lb; = Lb, x iobsr = 0.2778 * 1.15 = 0.3195m

Calculation of outlet baffle spacing is presented below:

Lb, = Lb, * iobsr = 0.2778 x 1.15 = 0.3195m

Calculation of baffle cut is presented below:

lo = Dg + baffle,, = 0.4630 * 0.25 = 0.1160 m

Width of bypass lane can be evaluated by the following equation:

w, = 2% D, =2%254=50.8mm
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The heat capacity and temperature efficiency ratio calculations are presented below:

C. Ty —Th, 68393 — 64947
~C, T,—T, 60393—38034
T, —T. 60.393 — 38.034
Tpp — T, 68393 — 60.393

R = 0.1541

P= = 0.7365

Log mean temperature difference calculation is shown below according to the given input-output

temperatures:

ATy = Thot intet — Tcotd outter = 68.393 — 60.393 = 8 °C

AT, = Thor outter — Teold outter = 64.947 — 60.393 = 26.9130°C

26.9130

LMTD = =
AT.
In( Z/ATl) ln(—8 )

= 15.5898

The FT value is obtained by looping and iterating with the while command in the MATLAB
program. The value of FT=0.9401 was accepted for sample calculation. Calculation of EMTD:

EMTD = LMTD * FT = 15.5898 * 0.9401 = 14.6563

Calculation of heat load is presented below:

Q = Mpor * CPnot * (Thot inter — Thot outier) = 41.66 * 4.1884 x (68.393 — 64.947)
=601.2824 W

The specific heat shown in the equation is taken from the thermodynamic table according to the

mean temperature value (Th,¢, ... = 66.67 °C) of the hot side.
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Hot and cold side mean temperature can be calculated by the following formulas:

_ Thot intet Thot outlet __ 68.393 + 64.947

= = = 66.67 °C
hotmean 2 2

Tcold inlet + Tcold outlet __ 38.034 + 60.393

Teotdpqn = 5 = 5 = 51.4905 °C
Shell Side Calculations:
Shell side angle calculation:
0 2 (1 2 lc) 130 2 (1 2 0'116()) . 120.1428°
= 2 % — 2 x— | % = 2 % — 2 % * = .
b acos D & 0.4630) 314

N

Gross window area calculations:

D? (deg2rad(6 ! 0
Afr, = Ts * (%(b) — (1 —2x D_C) * sin <deg2rad (717)))
N

_ 046302
T4

2 *0.4630 2

deg2rad(120.1428°) 0.1160 , 120.1428°
* — (1 -2 ) * sin| deg2rad (—

= 0.0330 m?

Calculation of diameter central tube limit can be calculated as follows:

. 25.4
=0.3870 - —— = 0.3616 m

D, =D, —
ctt = Fotl 1000 1000

Calculation of shell side baffle cut angle,

)
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= 100.5905°

D, —2 *zc> 180
£ 3

0.4630 — 2 * 0.1160) 180
T

Ocry = 2 * acos( 03616 *314

= 2 *acos (
ctl

Fraction of total tubes in the window Calculation,

r o= deg2rad(8.y) — sin(deg2rad(6.))

w

2%T
_ deg2rad(100.5905°) — sin(deg2rad(100.5905°))
h 2 %3.14
Number of tubes in window calculation,

= 0.1230

Nt, = F, * N, = 0.1230 * 80 = 9.8379
Calculation of area occupied by tubes in window,

T [ D, \? 314 [25.4\° X
Afre =G (pos) * R s Ne =20 (£555) 401230 480 = 0.0050 m

Net flow area in one window calculation shown in below,

Ao, = Afr, — Afr, = 0.0330 — 0.0050 = 0.0280 m

Calculation of shell side hydraulic diameter of window,

Dh,, =4 Aow
w = E 3
deg2rad (6
n*lOSO*NtW+7T*DS*(92+n(b)>
A Ao,,
= *
25.4 deg2rad(120.1428°)
=0.0883m

Number of effective tube rows in crossflow calculation,
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0.8
N1, =——* (l.c — 0.5% (Dg — Dyy) =

X, 53.7401

1000 1000
=1

Fraction of total number of tubes in crossflow calculation,
FEE=1-2%FE,=1-2%0,1230 = 0,7541
Calculation of one crossflow section between baffle tips,

Dy —2+l, 04630 —2+03616

X, 53.7401
1000 1000

N1, =

% (0.1160 — 0.5 * (0.4630 — 0.3616))

Crossflow area with plain tubes at or near the shell centreline for one crossflow section with

layout=45 calculation,

38.1 — 254

D pt — Do
Ao, = Lb, *| Dy — Dypy + 2 % —2
Ocr c* S otl * Xt 1000
1000
0.3616
= 0.2778 x| 0.4630 — 0.3870 + 2 * E37401 *
1000

Calculation shell side number of baffles,

Tube, — Lb; — Lb, 10 — 0.3195 — 0.3195
Lb, 0.2778

Bypass flow area calculation,

= 0.0682 m?

+ 1.0 =35
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Wy, 50.8
Aoy, = L, * (Ds = Doyy + 0.5 % N 1000) =0.2778 (0.4630 —0.3870 + 0.5 % 2 1000)

= 0.0352 m?

Leakage Flow Area calculation,

y Do  Sw o L1-F_. 254 1  1-01230 .,
= T * * * 4 ———— =3 14— ——x 2 x ——— = (),
%t =T %7000 1000 ¢ 2 1000 * 1000 2 m
Calculation of shell-to-baffle leakage area for one baffle,
Sep deg2rad(6,)
Aosy =1 D % 5555+ <1_T
31000 1634 . deg2rad(120.1428°) 0.0015 m?
2000 2+3.14 m

Shell side tube pitch efficiency calculation for layout=45,

_ P _381_ 26.8701
pteff \/E \/5 .

Calculation of shell side cross flow area,

Do ) pt_Do
*

pteff

254\ 38.1-—254
= 0.2778 x| (0.4630 — 0.3870) + (O.3870 — ) *

1000 26.8701
= 0.0682 m?

Shell side mass velocity calculation,
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mcold 1105 kg
= = = 1619814
Sm 0.0682 m?2 * h

Gs

Reynolds number shell side calculation,

G, + (A) 161.9814 * (25—4)
Re. = 1000/ _ 1000/ _ 5 9768y 10*
s eois 13822x 104

The dynamic viscosity value used in the calculation is taken from the thermodynamic table
according to the cold side mean temperature (T;oq,,,,, = 51.4905°C) and pressure values
(Poo1q = 2.62bar). Although the pressure value given here is entered manually at first, it is then
made according to iteration with a loop.

Tube wall temperature calculation,

Thotinlet §F Tcold inlet — 68.393 + 38.034

T, = > z = 53.2135°C
Colburn j factor calculations,
B a3 _ 1.930 00767
T 14014+ (Re)™ 1+ 0.14+ (2.9768x 10+)0500 _ -
a 0.0767
1.33 1.33
JidealFactor = al * - | * (Res)* = 0.370 = 38T % (2.9768x 10%)0:3%
D, 25.4
= 0.0062

The values taken in Colburn calculations are taken from the table according to layout=45 and
Reynolds number (a1=0.370; a2=-0.396; a3=1.930; a4=0.500;).

Calculation of ideal shell-side heat transfer coefficient,
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m 2 0.14
hig = CPeora * (;—Owid) * JidealFactor * (Pr.p;q) 3 * (‘uc"ld>

w
2 4451x 103 ( 11.05 ) 0.0062 * (3 2936)% 1.3822x 10~4\ %14
= 2. * x (. * (3. * | ————
x 0.0682 1.3585x 10-%
= 1.1127x 103
x m2°C

The cold side Prandtl and specific heat value shown in the calculation are taken from the
thermodynamic tables according to the pressure (P.,;q = 2.62bar) and mean temperature
(TCOldmean = 514‘905 OC).

Baffle cut and spacing effect correction factor calculations,

Jo = 0.55+40.72 * F, = 0.55 + 0.72  0.7541 = 1.0929
Aog, 0.0015

_ 4 = 0.3418
's = 4oy, + Aoy, 0.0015 + 0.0028

_ Aoy + Aoy, _ 00015400028 _
m =T 00682

Shell-to-baffle leakage effect calculation,

Ji =044 (1—1)+ (1 - 044 x (1 —1)) * e(7227m)
= 0.44 % (1 —0.3418) + (1 - 044 (1 - 0.3418))  e(=2:2x0.0623) — ) 9090

_ Aoy, 00352 _
= Ao, ~ 00682
N, 1
> = - =0.250

N =
SSplus
P N1, 4

Bundle bypassing effects correction factor calculation is shown below,

3 1
(‘C*Tb*<1—(2*Nssplus) )) (—1.25*0.5164*(1—(2*0.250)§>>
=e = 0.8753

Jp=e
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Inlet and outlet variable baffle spacing correction factor calculation,

Ny — 1+ (iobsr)' ™" + (iobsr)'™  35—1+ (1.15)'7%° + (1.15)'7°°
N, — 1+ iobsr + iobsr B 35—1+1.15 + 1.15

o = = 0.9949

If Re;, > 100 J, factor equal to 1.

Calculation of actual shell side heat transfer coefficient,

he = hyg * Jo % J; * Jp * Js * ] = 1.1127x 103  0.3418 * 0.9090 * 0.8753 % 0.9949 * 1

= 962.6099

m?2°C

Tube Side Calculations:

Number of tubes per pass calculation,

N, 80
th=n—=7=40
D

Tube-side flow area per pass calculation,

4 Din , ™ N (21.2 )2 3.14 40 = 0.0141

= * — % =—] * * = 0.
%= Goo0) *2* Voo = T000) * 2 m
Tube-side Reynolds number calculation,

Din 21.2
Mpot ;(1000) 41.66 * (m)
_ 0 _ __0.0141 _ 5

Re, = = = 1.4796x 10

& Lot 4.2276x 10—+ x
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The hot side dynamic viscosity value used in this calculation is taken from the thermodynamic

tables according to the mean temperature (T, = 66.67 °C) and pressure (P, = 3 bar)

inputs.

The tube side Nusselt number calculation is as follows:

Nu, = 0.024 * Rel® « Pt = 0.024 * (1.4796x 10°)%8 « 2.6942%* = 488.0855

Tube side heat transfer coefficient calculation,

h, = (Nu; * kpnop)/(Din/1000) = (488.0855 * 0.6571)/(21.2/1000) = 1.5129x 10*

m2°C
Heat transfer area for dirty and clean side calculations,
D _1
U 1+FF + log(D_;l)+FF Do +1 Do
= >|< —k ——
Oairty — | p_ cold 1000 2+ k, hot h, Di,
25.4

L ggoox10-5 + 252,19 (zi2) F1.760x 10 222

= —_— . * . * —

962.6099 * 1000 245 x 212

-1
1 254
+ *
1.5129x 10* 21.2

= 681.2380 W/m?*C

-1

D
1 D, log(dj) 1 D,
Uo — — 4+ * + — % —
cean —\ p. " 1000 2%k,  h; d;

25.4
1 254 log (m) N 1 25.4
* *
962.6099 ' 1000  2%45  1.5129x 10% 21.2

= 855.3971 W/m2C
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Calculation of heat transfer area,

A Tube, 2%« N = 314 %10 + 2% 4 80 = 63.8372 m?
=TT * * * N, = 3.14 = * * = 63.
a = X TUDEL* 7000 " 1000 m

Heat duty equation to be added or subtracted from process fluids,

U EMTD 63.8372 * 681.2380 14.6563 637.3769 W
* = 63. * } *——— = .
Odirty 1000 1000

Qqu = Ag *

Shell Side Pressure Loss Calculations:

The values taken in friction factor calculations are taken from the table according to layout=45 and
Reynolds number (b1=3.5; b2=0.52; b3=6.59; b4=-0.476),

b= oo = E5° = 0.2148
T 14014%Re®S?  1+0.14+(29768x 101052 =

Ideal friction factor calculation,

fia = 3.5% <(1.33 * &>b> « (Re;0476)

D¢

5 0.2148
= 3.5% <(1.33 * 38.1> > * ((2.9768x 10%)70476) = 0.0253

Shell side ideal pressure loss calculation,

Nr 0.25
APhig = 4 fig * G x5t « (2]
2 x Yc * Pcold Ueold

= 4%0.0253 * (161.9814)2

4 1.3585x 10~+\"?°
*
2+1+%593.9747 \1.3822x 104

= 8.9119 bar
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The dynamic viscosity value on the wall is taken from the thermodynamic table according to the
temperature of the wall (T,, = 53.2135 °C) and the cold side pressure (P,,;4 = 2.62bar) values.

A, coefficient calculation,

3 1
(—D*rb*<1—(2*Nssplus) >> <_3_7*0,5154*<1—(2*0,25)§>>
A, =e =e = 0.6743

p=(—-015%*(1+1,)+0.8) = (—0.15 = (1 + 0.3418) + 0.8) = 0.5987
A, coefficient calculation,

A = e(—1.33*(1+r5)*rgn) — (~133%(1+0.3418)%0.0623"0.5987) — () 7126

Shell side window area velocity

G, = " 48 "> — 252.6043 9
Y (Ao * Ao,,)%5  (0.0682 x 0.0280)05 "7 m2 x s

Pressure drop in crossflow calculation,
AP., = APb;z * (N, — 1) * A * 4; = 8.9119 % (35 — 1) * 0.6743 * 0.7126 = 145.5891 Pa
Calculation of Pressure drop in window,

Gy
2 * Yc * Pcold

(252.6943 )2
«1*593.9747

AP, = N, * (2 + 0.6 * N1,,) * * A

=35%x(2+06%1)=* > *0.7126 = 3.4857x 103 Pa

Calculation of A, coefficient,

= 1.5552

L (Lbc)z—nprime+<Lbc>2—nprime B <0.2778>2_0'2 +<0.2778>2_0'2
S \Lb, Lb; ~\0.3195 0.3195
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Calculation of Pressure drop in inlet—outlet sections,

NTCW 1
AP;, = 2 * APb;, * (1 + N ) * Ay * Ag = 2% 89119 * (1 +Z) * 0.6743 x 1.5552

TCC

= 23.3618 Pa
Shell side pressure loss

p.  _ AP+ AR, AP, 1455891 +34857x10° +233618 _ .
shell = 100000 = 100000 - ar

Tube Side Pressure Loss:

Tube side velocity calculation,

Mhpot 41.66
Viube = Phot — 979.7230 — 2.0980m
_t*T[*( D, )2 @*314*(—25'4)2 S
ny 2000 2 ) 2000

Calculation of tube side friction factor,

fruve = (158 % log(Re,) — 3.28)72 = (1.58  log(1.4796x 105) — 3.28)~2 = 0.0041

Tube side pressure loss calculation,

4 5| frupe * D +1 *np*o-s*phot*vtzube
0

APpype =

100000

4 x| 0.0041 * % +1 | %2 %05 *979.7230 * (2.0980)?

_ 1000 _
= 100000 = 0.4541 bar
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5.1.3 Air Cooled Condenser Calculations

Input values of hot side in air cooled condenser system: Hot side inlet and outlet temperatures
Thotinter = 48.15°C and Tyoioutier = 38°C, pressure P,; = 1.09 bar, mass flow rate my,; =
150 kg/s, hot side inner and outer fouling resistance FF,,..-=0.000352 m2C/W,
FF;ne»=0.000210 m?C/W the ayes have it. Air cooled condenser air inlet temperature
Tair intee=18°C and air inlet pressure P,;,- = 1 bar. Input values of tube, fin and fan in air cooled
condenser system: tube outer diameter D, = 25.4 mm, tube wall thickness T}, = 1.65 mm, tube
conductivity k;yp. = 55 W /m°C, tube row number Ny, pe row=4, fin height h = 15.9 mm, tube
pitch diameter Dy, = 58.74 mm, fins per meter FPM = 413.4, fin thickness t;;,, = 0.4, air cooled
condenser width Width = 20, fan area ration FAR = 0.4, fan efficiency 14, = 0.7, reducer
efficiency n,..qucer = 0.92. Since there are phase transitions in air-cooled condensers, calculations

will be according to zone-1, zone-2, and zone-3.

Calculation of temperature difference between zones:

AT, 1 = Thot intet — Tyone—1 = 48.15 — 38.216 = 9.9340 °C
AT, 5 = Tyone—1 — Tyone—z = 38.2160 — 38.2160 = 0 °C

AT, 5 = Tyono—s — Tout intet = 38.2160 — 38.000 = 0.216 °C

In this calculation, T,,,.—; Vvalue was taken from the thermodynamic table according to the hot

side pressure (P, = 1,09 bar).

Enthalpy, specific heat, dynamic viscosity, thermal conductivity, Prandtl, density values used in
the calculations on the tube side are taken from the thermodynamic tables according to the hot side
inlet-outlet temperatures (Thotinier = 48.15°C, Thoroutier = 38°C), zone-1 outlet temperature
(Tyone—1 = 38.216 °C) and inlet pressure (Py,,; = 1.09 bar).

Tube Side Thermal Properties:

Calculation of specific heat average between zones:
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Cp—1 +Cpp 1.8079x 10% + 1.7698x 10° )i
Cp—Zl = > = > = 1.7888x 103 kgoc
_ Cpp+Cpoz  1.7698x 10° +2.3788x 10° ]
Cp—z2 = > = > = 2.0743x 103 kg°C
Cpz+Cpy 2.3788x 103 + 2.3777x 10° ]
Cpzz = > = > = 2.3783x 103 KC
Calculation of dynamic viscosity average between zones:
i+, 7.1860x 107 4 6.9460x 107 ¢ kg
Mo === > = 7.0659x 1076 ——
Py tpz  6.9460x 107 +0.1575x 1073 . kg
Hep == = i = 8.2214x107° ——
+ 0.1575x 1073 + 0.1578x 1073 k
U, = 3 Ay —1.5765x 10~ —9
2 2 mxs

Calculation of thermal conductivity average between zones:

k,+k, 00168+ 0.0158
z1 = 2 = 2

=0.0163W/m - °C

k,+k; 0.0158+ 0.1072
z2 = 2 = 2

=0.0615W/m - °C

_ks+ky 01072 +0.1072

3 : : = 0.1072 W/m - °C

Calculation of Prandtl number average between zones:

_ Pr+Pry, 07717 +0.7768

Pryy = — 5 = 0.7743




_ Pry+Pr; 07768 + 3.4958

Pry, =———>= z =2.1363
Prs + Pr,  3.4958 + 3.4993
Pry = ——>——= z = 3.4976

Tube Bundle Parameters Calculation:

Tube inner diameter calculation equation:
Di, = D, — 2 * Tyype = 25,4-2%1,65 = 22,1 mm

Single fin area calculation equation is shown below,

(D0+2>|<h)2 ( D, )2
SFA = T * —1020 ol —1020 * 2

(25.4+2*15.9)2 (25_.4)2
= ((3.14 * %> - (3-14 * %)) *2 = 0.0041 m?

Calculation of total fin area,
TFA = FPM * SFA = 413.4 * 0.0041 = 1.7057
Naked tube area calculation equation:

D, 25.4

NTA= 1500 * ™ = 1000

* 3.14 = 0.0798

Calculation of fin tube area is shown below:
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APM =TFA+ NTA = 1.7057 + 0.0798 = 1.7855

Fintube area calculation per m? of bundle face area,

1 1
APSM = D) # APM * Nyo, = gg=7 * 17855 * 4 = 121.5850 m?2
1000 1000
AR — APM 17855 523754
" NTA 0.0798 °°

Calculation of cross section area:

m* Dyy®  3.14 % 22.17

— 2
2 2 383.5963 m

CSA =

Thermal Calculations:

The following calculations give the resulting values without the if loop.

The phase transitions for the heat load are calculated with the following equations,

hy —h 378.8552 — 361.0862
(i —ha) _ e, C )

Q21=mh0t*—1000 = * 1000 =0.1963 W
(h, — hs) 150 (361.0862 — 5.1249) 203341
= * — * =
Qz2 = Mot * —5050 1000 '
(hs — hy) (5.1249 — 4.6112)
ngzmhot*ﬁzwm 500 =0.0057 W

Total heat load calculation formula,
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Qrotar = Qz1 + Qyz + Qs = 0.1963 + 3.9334 + 0.0057 = 0.0057 W

Total heat transfer coefficient calculation for dirty side is given below to calculate LMTD and air

outlet temperature values for ACC.

F= () (5) #rae (B) # et
— = |—]x|— * | — —_—
U,  \h) \a;) TTae g ) T T

Urzi-direy = 000000000003 * (P, * 100)® — 0.0000004 * (P, * 100)% + 0.0035

* (P; * 100) + 8.3705 = 8.7473

Usxzz-airty = 27

Uszs—airey = —0.0486 * (114 * 1000)3 + 1.0537 * (s * 1000)2 — 8.1266 * (1 * 1000)

+ 27.985 = 26.7285

Air outlet temperature calculations,

1-dirt Thot intet + T 1
ATair_z—l = ( :12 + (l)le) ( ot tntet U Tair inlet)
8.7473 48. 15+38 216
(. (R ) e
sz dirty Tzone 1 + Tzone 2
ATair_z—z = 41+ 01 air inlet
27 38.216 + 38.216
(41 0. 1) ( - 18) = 15.3346°C
Uxz3—airt Tzone-2 * Tzone-3
ATair_z—3 = ( :12 n (l)le) * ( 2o 2 e Tqir inlet)
26,9699 38.216 + 38.000
(41 + 0. 1) < 2 - 18) = 15.1195%¢
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Tairoutlet_z—l = Tair intet + ATair_z—l = 7.8911 + 18 = 25.8911 °C
Tairoutlet_z—z = Tair intet + ATair_z—z = 15.3346 + 18 = 33.3346 °C
Tairoutlet_z—S = Tair inter + ATair_z—3 = 15.1195 + 18 = 33.1195 °C

Tair inlet + Tairoutletz—l _ 18 + 25.8911

Tairaverage_z—l = ) = 5 = 21.9455°C
T, iri + T, _ 18 4+ 33.3346

Tairaverage_z—2 = olr Tmiet zalroutletz 2= > = 25.6673°C
T,ir i + Ty _ 18 + 33.1195

Tairaverage z—2 = o7 et zalroutletz 3 = > = 25.5597 °C

Logarithmic mean temperature difference calculations,

ATi_z—1 = Tyone-1 — Tairoutiet,~1 = 38.216 — 25.8911 = 22.2589 °C
ATy_;—2 = Trone—2 — Tairoutiet,—2 = 38.216 — 33.3346 = 4.8814 °C
ATi_;—3 = Trone-3 — Tairoutiet,—3 = 38.216 — 33.1195 = 5.0965 °C
ATy, 1 = Tyone—2 — Tair inter = 38.216 — 18 = 20.2160 °C

ATy, 5 = Trone—3 — Tair inter = 38.216 — 18 = 20.2160 °C

AT;—2-3 = Thot outtet — Tair intet = 38 =18 =20°C

LMTD, 1 = (ATy—p—1 — ATy—,—1)/10g(AT1— -1 /AT ;1)
= (22.2589 — 20.2160)/log(22.2589/20.2160) = 21.2211

LMTD,_; = (ATy—,—2 — AT,—,—)/10g(AT1—,—2 /AT, —5)
= (4.8814 — 20.2160)/log(4.8814 /20.2160) = 10.7911

LMTD, 5 = (ATy_,—3 — ATy_,_3)/10g(ATy—,_3/ATy_,_3) = (5.0965 — 20)/log(5.0965/20)
=10.9009

Calculation of heat transfer area according to the obtained values,
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Q1 * 1000000 _0.1963 *1000000

A, = = = 1.0578x 103 m?
" Uy —airey * LMTD,_,  8.7473 » 21.2211 xamm
o __ :2+1000000 39334 «1000000 .. . .
2= Urairey *LMTD, , _ 27x107911 > ™

0,5 * 1000000 0.0057 * 1000000 ,
A, ;= = = 19.4832m

Urzs—airty * LMTD,_3  26.7285  10.9009

Aporal = A,-1 +A,_5 +A,_3 = (1.0578x 103) + (1.3500x 10*) + (19.4832)
= 1.4577x 10* m?

Calculation of face area,

A,y 1.0578x 103

A - - = 8.6997 m?

face-z-1 = oo = “1p18g50 00997 ™M

P _ Ao _13500x10%
face-z-2 = Apep T 1215850 oo™

P _ Ay _ 104832
face-2-3 = Apsp T 1215850 o o™

Aace—ain = Arace—s-1 + Arace—z-2 + Arace—z—3 = 8.6997 + 111.0337 + 0.1602
= 119.8936 m?

Tube Length calculation for each phase is shown below:

_ Afgce—z-1 _ 8.6997

L = = = 0.4350
21 = TWidth 20 m
Aeo ., 111.0337
face—z—-2
L,_,= - —5.5517
22 = Tyideh 20 m
Arncops  0.1602
L, ,=-tocez3 o = 0.0080 m

Width 20

L,—totar = Ly—1 + Ly—y + L,_5 = 04350 + 5.5517 + 0.0080 = 5.9947 m
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Number of tubes calculation,

A,y 1.0578x10°
~ APM xL,_; 1.7855 % 0.4350

N, = 1362

Tube side mass velocity is calculated with,

11.05%*1
1362 * 383.5963

kg
m2x*h

My * IV,
G = (M) * 1000000 = ( ) * 1000000 = 21.1500

N; x CSA
The Reynold number calculation for each phase is shown below:

Din G, 221 211500

Re, ; = —2 « ¢ = = 6.6151x 10*
2177000 "1, _ 1000 7.0659x 10 x
. Din , Ge _221 211500 _ ... .
= ¥ — = * = 5.
2277000 "1y, 1000 8.2214x 10-5 x

. D, G, 221  21.1500 26649 10°
= — — = * = 4.
2-3 77000 1,z 1000 1,5765x 10— *

Liquid+gas calculations for the second zone:

The following calculations are made by selecting the appropriate a (a=1,04) and b (b=1,26) values

by running the if command according to the Reynolds number.

Their superficial liquid Reynolds number Reis,

Gy * (Din/1000) * (1 —x) _ 21.1500 % 22.1 * (1 — 0.5)

— 3
o 0.1575x 10-3 = 1.4840x 10

ReLS =
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The MARTINELLI parameter for turbulent flow in both phases, X, is

1-x0\"° /p,\%5  /us\01 1—05\"° / 3.1856 \*° [0.1575x 10~3\"!
%= () () @) ~(os) (ormszs) * (vessentos
x D3 1 0.5 607.7525 0.6946x 105

= 0.0989

The liquid Galileo number Ga;, for the tube is

3 3
%P3 x(ps—po) (11())130) _ 981 % 607.7525  (607.7525 — 3.1856) * (1202(')10)
T = 2 - (0.1575x 10-3)2

= 1.5688x 10° m/s?

Epsilon number calculation,

1 1
&= = = 0.9707

() (T ()

Osirqr and wall temperature number calculation,

Ostrar = (T — arccos - (2- e —1)) = (3.14 — arccos - (2-0.9707 — 1)) = 2.7976

Calculation of wall temperature,

Trone—2 + Tqiri 38.216 + 18
Twall _ _zone 2 > air inlet — > — 28.1080°C

98



The liquid Jacob number Ja,,

Cps(Ty — Twau) _ 2.3788x 103 * (38.216 — 28.1080)

% = (h, —h3)/1000 (361.0862 — 5.1249)/1000  ~ °067°

and the liquid Froude number Fry is

G.* 21.15002

Dim ~ 22.1
2 in 2
p5* g * (1000) 607.7525% x 9.81 * (1000)

= 0.0056

FT'L =

while the vapour only Reynolds number Reg, is

_ Gt*Dy, 21.1500 % 22.1

Re. — = — 6.7295x 10*
6o = 6.9460x 10-6 x

Forced convection condensation in the stratified liquid is correlated as

1
cq |2

Nugeqre = 0,0195 x Rer®  Pr,>* « l1,376 + 5
tt

1
4.2026 ]5

= 0,0195 * (1.4840x 103)%8 x 3.495894 [1,376 + _0,09891.6550

=176.9097

Their correlation for the annular flow of condensation is as follows. In these calculations, circular
condensate flow and layered wave calculations were made by multiplying the thermal conductivity

coefficient.
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2.22 k
Nu(x) = 0.023 * Ref® » Pr)* « [1 + —55| * ——
Xttf Din
1000

2.22 0.1072
= 0.023 * (1.4840x 103)°8 x 3.495804 « [1 + ] *

0.09890-89 22.1
1000
=1.1662x 103
The stratified wave calculation,
0.12 0.25 1 _ M
Nu(0) 0.23 = Reg, Ga; * PrL] T ks
= * *
A EE RTINS PR Nigare | Din
1000
2.7976
0.23 * (6.7295x 10%)%12  [1.5688x 10° * 3.4958 025 + 1- 3.14
1+ 1.11 % 0.1582058 0.2124 176.9097
01072 _ 1.8457x 103
*To21 C remX
1000

Stratified calculation,

N=N ks = 176.9097 0'1072—8578233
= Nustare * == 176.9097 57~ = 857.

1000 1000

Tube Side Heat Transfer Coefficients calculations:

2

hy = Cy * Gy * Cp-z1 * Pry, 3% RezlC2

2 —
= 0.0108 * 21.1500 * 1.7888x 103 * 0.774373 * 6.6151x 104~ ***7°

= 105.3288

m2°C
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hyz = 857.8233 —

h,s = 0.023 * 21.1500 * 2.3783x 103 * 3.49767°7 x 2.9649x 103~ % = 97.3336

m2°C

ACC Air Side Calculations,

Density, specific heat, dynamic viscosity, thermal conductivity, Prandtl values used in air side
thermal calculations for ACC are taken from thermodynamic tables for each phase according to air
average temperature (Tairaverage z—1 = 21.9455 °C, Tyirqverage z—2 =

25.6673 °C, Tyirqverage z—3 = 25.5597 °C) and air pressure (P,;,- = 1 bar) values.

Kinematic viscosity calculations for each phase transition of the air side,

i 1.8480x 10~° m?

8, = ouiray — 1.5496x 105 ——
Y 4 1.1810 s

i 1.8480x 10~° m?

Oair—gp = =22 _ = 1.5846x 1075 —
Dair—r2 1.1662 s

- 1.8475x 107° m?

Oirys = HOI=23 _ — 1.5836x 105 ——
Dair—rs 1.1666 s

Center-to-center distance between the fins along the flow direction calculation,

D 3 58.74 3
S, = ( P >*£= (—) V3 _ 0.0509 m
1000 2 1000 2
Calculation of diagonal pitch:
Sy = (( Dre )2 +§2)05 = (<—58'74)2 +0.05092)%5 = 0.0587 m
b 2000 ! 2000 ' '
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Distance measured normal to the flow direction

Dyp+D, 5874+ 254

Calculation of air flow rate,

w _ 2 +1000000 _ 0.1963 1000000 _ . _ . kg
e % ATyr g, 1.0062x 103 %7.8911 s
w __0+1000000 _ 39334 1000000 _ . .o o kg
W e %ATay g 1.0063x 103 % 15.3346 s
Q.3 * 1000000 0.0057 * 1000000 kg
Wair-z3 = = 3 =0.3731 —
Cpairoys * DTair—z3  1.0063x 103 * 15.1195 s

k
Woir—sotar = Wair—g1 + Wair—gs + Wair_ps = 24.7294 + 254.8949 + 0.3731 = 279.9973 ?g

Average air outlet temperature calculation.

T _ Tairoutletz—l * Wair—zl + Tairoutlet z—2 * Wair—zZ + Tairoutlet z-3 % Wair—zS
airoutlet average —
Wair—zl + Wair—zz + Wair—z3

258911 * 24.7294 + 33.3346 * 254.8949 + 33.1195 * 0.3731
B 24.7294 + 254.8949 + 0.3731

= 32.6769 °C
Volume flow rate calculation,

W.. . 247294 m3
ar—z1 = 20.9401 —
Pair—z1 1.1810 s

Vzl =
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Weir—za _ 254.8949 m3

Vyp = = 1166z 2185670 —
V,5 = ]231‘:_‘:: = (1)23222 = 218.4881 m;

Velocity of air calculation,

v Va 209401 _ 22070 ™
W Argce—zo1 86997 s

v Ve 2185670 o m
W2 Arvceg—n 1110337 s

) Vo _2184881 . . .m
W2 T Ao 01602 s

Diagonal pitch diameter:

S, =2 (s Do ) 2 (0 0587 25'4) 0.0667
= * —_ = * . —— ] = 0.
DD > 77000 1000 m
Drp—D, 5874254

Stp = 1000 - 1000 =0.0333m

If S7p>Spp, the air velocity calculations for each phase are given below,

v Drp Vair—z1 58.74 2.4070 A 2408m
air-max—z1 = * = * = 4. —
1990 2+ (55~ g85) 1% 2+ (0.0587 ~ 77) ’

Drp Vair—z2 58.74 1.9685 m

Vair-max-z2 = * = * = 3.4682 —
) T
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. _ Drp Viireps _5874  1.3635x 103
air—-max—z3 1000 2*( Do ) 1000 2*( 25.4

m
= 2.4022x 103 5

So — 1685 0.0587 — T557)

1000
Fin spacing calculation is shown in the following equation,

G LoFPM sty 1-4134x04

- = 0.0020
FPM 413.4
Calculations of Reynolds number,
D 25.4
1000 * Vair-max-21 _ {gqg * 42408 "
Rep_ g = - = 6.9512x 10
O irn 1.5496x 10-5
D 25,4
R _ 1000 " Vair-mar—z2 _ To00* 3482 _ oo s
®p-max-z2 = 9 ir—a T 15846x 105 7V
D 254
; 1055 Vair-max-z _ Togg * 24022x10° L as30e 106
®p-max—z3 = Oir—rs ~ 7 15836x105 OO

Air side Nusselt number is calculated 3 different formulas and lowest of them is used in design:

FS 0.2 FS 0.1134
Nuy_,; = 0.134 % ReD—max—zlol681 * P‘ral'r—zlu33 * <_) *NT—
h tfiTl

0.2 0.1134
0.0020 0.0020

— 310.681 0.33
= 0.134 = ( 6.9512x 103)%681 x (0.7077)°33 « (15.9) x ( 07 )
1000 1000

= 39.2617
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FS 0.2 FS 0.1134
Nuy_pp = 0.134 % Rep_max—z"®" * Progr_,° » <_) (2
h tfin

0.2 0.1134
0.0020 0.0020

*
(t500))  \(zom0)

= 0.134 * ( 5.5591x 103)°%681 « (0.7072)%33 «
= 33.7113

FS 0.2 FS 0.1134
Niy 3 = 0134 % Rep may ™+ Prgy % () [
h tfin

0.2 0.1134
0.0020 0.0020

— 610.681 033
= 0.134 * ( 3.8530x 10°) * (0.7072)93° (15.9) * ( w0 )
1000 1000

= 2.8997x 103

0.296

_ 0.718 1 E
Nuz—zl = 0.1378 * ReD—max—zl * Prair—zl3 * h

0.296

1
= 0.1378 * (6.9512x 103)%718 % (0.7077)3 * = 38.2384

FS 0.296
Nu = 0.1378 xR 0.718 . p % —_—
2—-2z2 ' * R€p_max—-z2 * PTqir—z2° * h

0.296
0.0020

(500

1
= 0.1378 * (5.5591x 103)%718 x (0.7072)3 = 32.5623

FS 0.296
Nu,_,3 = 0.1378 xR 0718 x pr, 3 (2
2—-2z3 ' * N€p_max—-z3 * air-z3°> *

h
0.296

0.0020

1
= 0.1378 * (3.8530x 10°)%718 % (0.7072)3 * T‘B) = 3.5679x 103

1000
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0667 1 /FS 0.164 FS 0.075
Nuj_,; = 0.1507 * Rep_max—z1  * Plair—z13 * (_) *

h tfiTL
0.164 0.075
1 0.0020 0.0020
= 0.1507 * (6.9512x 103)%667 % (0.7077)3 * 159 04
= 39.4872

0.164 0.075
N = 0.1507 * R 0667 x p . (2 £
Uz_z2 = 0. 07 = €p—_max-z2 * PTqir—z2° * *

h tfin
0.164 0,075
10,0020 0,0020
= 0.1507  ( 5.5591x 10%)°667 « (0.7072)3 * | —e *\ 704
(1000) (1000)

= 34.0111

0.164 0.075
= 0.15 0.667 % E FS
Nu3—23 = 0. 07 = ReD—max—zS N Prair—zB o *

h tfin
0,164 0.075
1 {0.0020 0.0020
= 0.1507 * ( 3.8530x 10©)%657 x (0.7072)3 * 159 | 704
(Tﬁﬁﬁ) (1000)

= 2.6695x 103

Air face mass velocity calculation is as follows,

Wiy 24.7294 kg
G . = = = 2.8426
I Argee—z1 86997 mxs
o - Warz _ 254.8949 _ 5 2057 kg
T Atgeesn 1110337 7 7 mxs
Wyir_ps 03731 kg
Gooys = = = 2.3284
27 Atace—s—s  0.1602 mxs

Air side heat transfer area for each zone’s calculations,
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Koy 0.0260 w
= 38.2384 x =39.1700

hg—z1 = Nug_jq *

Dy 25.4 m2°C
1000 1000
Ka—z 0.0263 w
ha-zz = Nityzp * =5 = = 32.5623 x —=7— = 33.7111 -
1000 100
ka-z3 3 0.0263 3
Ra-zs = Nus_z3 * == = 2.6695x 10° » —o— = 2.7629x 10° =
1000 1000

Calculation of heat transfer area air according to the obtained values,

Ax AR Dy 22.3754 25
_— = ¥ — = . *
A D 22

i in

4
1= 25.7165

The calculation of clean and dirty shares in the heat transfer coefficient separately for each phase

is shown below,

log (20
(1. (s A 1,0, os(pp)
Ux—zl—dirty - <h-_zl> * (A_l) + FFouter * <A_l) + FFinneT + h—a—zl + 1000 * (2 * k)—l

= () x2571 000352 % 25.71 000210 + ———
(105.3288)* 5.7165 + 0.000352  25.7165 + 0.000210 + z5———
25.4
p 28 os (77 1) 3.5845 —
* = 3.
1000 " (2 55)"1 m2C

Dy

1 D, log(p—in)
+ *

vy 1000 (2xk)1

1 A, A,
Ux—zz—dirty =\ *(5") + FFouter * (5 ) + FFinner +
h,, A; A; h

) * 25.7165 + 0.000352 * 25.7165 + 0.000210 +

1
- (857.8233 337111

25.4

254 log(357)
*

1000 " (2% 55)1

= 14.5060 W /m?2C
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log (Ze.
U _(1>*(&)+FF *(&)‘FFF + ! + Dy *Og(Din)
x—z3-dirty — hz3 Ai outer Ai inner ha—z3 1000 (2 * k)—l

) * 25.7165 + 0.000352 * 25.7165 + 0.000210 +

- (97.3336 2.7629x 103

254
254 log(357)
*
1000 " (2% 55)1

= 3.6514 W/m2C

Ux—z1-clean =

() ()t )

— + *
hzl Ai a-z1 1000 (2 * k)_l
25.4
( ) 257165 4 L4 24 o8 (7.1) 3.7076 W /m2C
= |—) * . * = .
105.3288 39.1700 | 1000 " (2 #55)-1 /m

Dy
= ()« () )
x—z2—clean = hy A; hy_p, 1000 (2 k)1

25.4 log (%)

= (——)«2571 = 16.757 2
(857.8233)* S7165 + o1 Y 1000 * (2= 55)-1 _ LO7°7SW/mC
Dy
o= () (22) 4L 2o, (0
x-z3—clean = \p ) "\4;)  hy_,; 1000 (2 k)1
25.4
( ) 257165 + —~ 4 24 08 (371) 3.7792 W /m?C
= |———- % . * = .
973336 2.7629x 10° T 1000 * (2 %55)1 /m

Overall heat transfer coefficient for clean and dirty sides calculation,

Ux—z1-dirty * Qz1 + Ux_z2—_airty * Qz2 + Ux_z3_qirty * Q23
Qz1+ Qz2 + Qz3
3.5845 % 0.1963 + 14.5060 * 3.9334 + 3.6514 = 0.0057
- 0.1963 + 3.9334 + 0.0057

Ux—overall—dirty =

= 13.9726 W/m?2C
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U _ Ux—zl—clean * Qzl + Ux—zz—clean * QZZ + Ux—z3—clean * Qz3
x—overall—clean —
Qzl + QZZ + QZ3

_3.7076 % 0.1963 + 16.7575 * 3.9334 + 3.7792 * 0.0057
N 0.1963 + 3.9334 + 0.0057

Qtotar * 1000000 4.1354 x 1000000

LMTD,prq; = =
Ot T U overati-girty * Atotar  13.9726 * 1.4577x 10*

= 20.3032

Fan Calculations:

Fan area calculation,

Afan-z1 = Arace—z—1 * FAR = 8.6997 * 0.4 = 3.4799 m?
Afan-z2 = Aface—z—2 * FAR = 111.0337 * 0.4 = 44.4135 m?
Afan-23 = Aface—s-3 * FAR = 0.1602 * 0.4 = 0.0641m>

Afan—total = Aran-n1 + Apan—zz + Apan—zz = 34799 + 44.4135 + 0.0641 = 47.9574 m?

Calculation of fan diameter,

A\ 3.4799\°°
f 1
Dran-z = (4 i Lone ) (4* — ) = 21049 m

Aror o\"> 44.4135\%°
f 2
Dran-z2 = (4 * a; - ) ( * 314 ) =7.5199m

A _ 0.5 0641 0.5
fan 23) (4 " 0.06

Dign_z3 = (4 * 314 ) =0.2857m

I

Fp,, = —0.2395 * Ga3, + 3.6848 x GaZ, — 4.5269 * Gay; + 5.4539
= —0.2395 % 2.84263 + 3.6848  2.84262 — 4.5269 * 2.8426 + 5.4539
= 16.8587

= 16.1201 W /m?C
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Fp,, = —0.2395 * Ga3, + 3.6848 x GaZ, — 4.5269 = Gay, + 5.4539
= —0.2395 % 2.29573 + 3.6848 x 2.29572 — 4.5269 * 2.2957 + 5.4539
= 11.5832

Fp,s = —0.2395 * Gal; + 3.6848 x GaZ, — 4.5269 * Gay; + 5.4539
= —0.2395 * 2.32843 + 3.6848  2.32842 — 4.5269 % 2.3284 + 5.4539
= 11.8668

Air density ratio calculations,

_ Pair-z1 _ 1.1810

o _ = 0.981 i

Pratio—z1 1.203 1.203 4
Pair-z2 11662

. = = - ! 4 y

Pratio-z2 1.203 1.203 sy
. 11666

_ Pair-z3 _ = 0.9698 kg/m?

Pratio-z3 = 7543 = 1203

Air delta pressure calculation,

_ Fpu1 % Newperow _ 16.8587 % 4

APy = = = 68.6933 P
i T tio1 0.9817 “
AP... :szz*Ntuberow — 11-5832*4:47 7944 Pa
e Pratio-z2 0.9694 '
Fp,; * N 11.8668 * 4
APair—zs — Dz3 tube row — — 48.9470 Pa

Pratio-z3 0.9698

Calculation of ACMS per fan,
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Woir—z1 _ 247294

ACMS,, = = = 20.9401 m3
n = 11810 /s
W, ., 2548949
ACMS,, = = = 218.5670 m3
2= i 11662 "/
w..._ 0.3731
ACMS,, = 272 — = 0.3198 m3/s

Pair-z3 B 1.1666

Approximate fan total pressure using DR of air at fan and fan area,

ACMS,\*
Pf—zl = APqgir_z1 + Pratio—z1 * 0.975 * 2

fan—z1

20.9401

2

= 68.6933 + 0.9817 x 0.975 * (

ACMS,,\*
Pf—zz = APgir_z2 + Pratio—z2 * 0.975 * 2

fan—z2

218.5670

2

= 47.7944 + 0.9694 x 0.975 * (

ACMS,5\*
Pr_z3 = BPgir—z3 + Pratio-z3 * 0.975 * 2

fan—z3
2
) = 63.4670 Pa

= 48.94 981 . —
8.9470 + 0.98 7*0975*<0.28572

Pf—zl * Wair—zl + Pf—zz * Wair—zz + Pf—zB * Wair—z3
Wair—zl + Wair—zz + Wair—zB
_90.0721 * 24.7294 + 61.9144 * 254.8949 + 63.4670 x 0.3731

Pf—total =

90.0721 + 61.9144 + 63.4670
= 64.4034 Pa
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Fan power calculation equations,

ACMSyq * Pr_z1 209401 * 90.0721

Fan Power,, = = = 29288 W
nfan 0.7
——— /1000 ~a5/1
Nreducer / 0.92 / 000
ACMS,, * Pr_,,  218.5670 * 61.9144
Fan Power,, = Tran = 07 =21.0131 W
——— /1000 ~a5/1
Nreducer / 0.92 / 000
ACMS,3 * Pr_,3  0.3198 x 63.4670
Fan Power,; = Tran = 07 =0.0315W
——— /1000 ~a5/1
Nreducer / 0.92 / 5

Fan Poweryyqr = Fan Power,; + Fan Power,, + Fan Power,;

= 2.9288 + 21.0131 + 0.0315 = 23.9734 W

Pressure Drop in Tube:

x22+1_x22 -1 _ 05 1_05

D — (272 1 + -1 =6.3379
homogenous (,02 p3 ) 3.1856 607.7525)

Dynamic viscosity ratio calculation,

s 0.1575x 1073

= T T 556729
Hratio =" "= 0.6946x 10-5

Calculation of the flow rate equation per tube,

_ Myee 1105 kg
mhot.pt = Tt = m = 00081?
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Flow rate of the liquid flowing in the tube calculation,
Miiquia = Mhotpe * (1= %z2) = 0.0081 x (1 - 0.5) = 0.0041—=
Calculation of gas flow rate,

kg

Mgas = Mporpt * Xz2 = 0.0081 x 0.5 = 0'0041T

The flow speed inside per tube calculation

= —4 = 0.0081 —4 = 21.1500 kg
VT Moty * 0 p2 = e T 2212 T T s wm?
Calculation of Reynolds number for liquid,
v-Diyp(1—x,) 21.1500-22.1-(1-0.5)
Reliquid = =

Us 0.1575x 1073
Calculation of Reynolds number for gas,

v Dy Xy 21150002210 0.5

Re .= - — 3.3647x 10*
®gas " 0.6946x 10-5 X

Calculation of Friction factor for the liquid flowing inside the tube,

= 1.4840x 103
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0.079 0.079

utquia = Reyguia’ 2 (14840x 10075

= 0.0127

Calculation of Friction factor for the gas flowing inside the tube

0079 0.079
fGas - Re 0.25 — (3.3647x 104)0.25

gas

= 0.0058

The calculation of total pressure loss of the liquid in the tube,

4 * fliquia * Lz—2 * p3 _ 4% 0.0127 * 5.5517 * 607.7525
= 771
* (To00)

= 4.7068 Pa

APliquid = 2
ve* Din 21.15002

The dimensionless factors Fry,, E, F and H calculations,

0.19 0.91 07
b= () (&) (1o 1)
U3 P2 U3

0.6946x 10-5\*"° (607.7525)0'91 | _06946x 10-5\%7 3 6001
=| —- * | —mmm — _—_ = .
0.1575x 10-3 3.1856 0.1575x 10-3
Py 607.7525 * 0.0058
E=(1-x,)>2 2 = (1—0.5)2 4+ 0.52 = 221076
(= xz2)" + X" 7mm = ( )+ 0 e 0.0127

F = 2,078 % (1 — x,5)%%%* = 0,5078 « (1 — 0,5)%22* = 0,4986

F v 21.15002 13648
Th = — — .
D}%omogenous *g* Din 6.33792 %*9.81 * (12501(.))

The liquid Weber We; is defined as:
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22.1
2 4 D. 2115002 # (22
V *%in 10007 _ 111 3475

We, = =
“L = 5+ Dnomogenous _ 0.014 * 6.3379

The surface tension value is taken from the thermodynamic table according to the zone-1
temperature (T,ppe—1 = 72,1051 °C).

The multiplier equation between the two phases,

3.24«F+H 21076 + 3.24 x 0.4986 * 63.6841 — 951753
We, %035 « pr0ss — = 111.36750935 x (51.3648)0.045 ~ °~

O =E +

Calculation of pressure loss,

APjiquia * PF.  4.7068 * 95.1753

105 105 = 0.0045 bar

APy =

Since the values taken in the calculations are for a single loop, the result is not optimized. Results

will be optimized by MATLAB program along with other loops and iterations.

5.1.4 Pump and Turbine Calculations

Input values given in the calculation of the pump part: variable frequency drive efficiency 14,ive =
0.95, motor efficiency Nporor = 0.95 , pump efficiency 7,,m, = 0.80, pump friction loss

Pyioss = 0.5 bar.

Pump head calculation,

(Py1 — Pwrs) * 100000 (2.62 — 1.09) * 100000

9.8 _ 9.8
PwrFs * Pploss B 607.74

Hpump = +0,5=26.18m
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The density value given in this calculation is taken from the thermodynamic table according to the

temperature (T;o1qin1er = 38°C) and pressure (P.,;4 = 1.09 bar) obtained as a result of iterations.

Calculation of unit power pump,

9.8
N6 A7 x26.1 74 %9,
PunitowerszFS*Hum *pWF5*3.6*106=65 7+ 2618+ 6077 *98=3.545kW
P pump Npump 3.6+ 106 % 0.8

The specific heat value shown in the calculation is taken from the thermodynamic table according
to the inlet temperature (T.oiqinier = 38°C) and pressure (P.,;q = 1.09 bar) obtained because of

iterations.

Calculation of pump consumption,

Punitpower 3.545
P o - =3.917 kW
conSumpeion Nmotor * Narive 0.95 % 0.95

Pump temperature difference calculation,

1 = Npump 1-08
Alpump = Punitpower * CowFs  Mwrs = 3545 2.3777 103 65.47 60774
1000 ¥ 3600 * Pwrs 1000 3600 *°Y/

= 0.026 °C

Turbine Calculations:

Calculation of gross power,
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The enthalpy values given in the calculation are taken from the thermodynamic tables according to
the pressure (Pyrs3 = 2.3 bar; Pyps = 1.09 bar;) and temperature (Tyrz = 63.39°C; Tyyps =

48.15°C) obtained as a result of the iterations.

39.791

Pgrosspower = mWF * (h'WF3 - h'WF4-) * 099 = * (4‘0117 - 37875) * 099

= 245.370 kW

Gross efficiency calculation,

_ Pgrosspower £ 245.370 = 0.0560
Ngross Pevaporator + Ppreheater 3779.584 + 601.511 .

Net power calculation,

Pretpower = Pyrosspower — Pacc = Poump = 245370 — 52.096 —3.917 = 189.358 kW

Calculation of net efficiency,

Ppetpower 189.358

= = = 0.0432
nnet Pevaporator + Ppreheater 3779584 + 601511

5.2 ORC Designer with MATLAB Program

The prepared MATLAB ORC Designer program main screens are presented in Figure-5.1. ORC
Designer program is developed to make detailed ORC design, geometrical calculations of heat
exchangers and performance calculations of different working fluids at different conditions.

Evaporator, preheater, ACC, pump, turbine input etc. screens are presents at Figure 5.2-5.8.
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This report presents a model to evaluate the performance of an Organic Rankine cycle (ORC) at
low temperature geothermal resources such as 150 tons/hour flow rate at 90 °C temperature. The
system was evaluated nine dry organic working fluids, R218, R134a, R245fa, R236fa, R123, iso-

pentane, n-pentane, iso-butane, and n-butane.

After run program, 4 files, which are detailed power generation and efficiency results and ACC,
evaporator, preheater data sheets, create in desktop for selected working fluid as notepad (see

Appendix).

The data sheet files of air-cooled condenser, preheaters and evaporator include all manufacturing

and heat transfer details for production.

4. ORC DESIGNER - X
ORC Evaporator Preheater ACC Pump Steam ORC Layout Info
ORC DESIGNER Vv 1.0
Working Fluid Name R236FA v
Water Temperature (°C) 90.00 | Steam Temperature (°C) 100.00 |
Water Flow Rate (t/h) ‘ 150.00 | Steam Flow Rate (t/h) ‘ 0.00 |
Water Pressure (bar) 3.00 Assumed Outlet Temperature (°C) | 4500
Air Temperature (°C) _ 18.00 _ Turbine Efficiency _ 0.85 |
ORC Altitude (m) 100.00 Turbine Inlet Superheat (°C) 1.00
EV Approach Temperature (°C) 5.00
ACC Approach Temperature (°C) 20.00
PH Sat. Approach Temperature (°C) 2.00
CALCULATE GRAPH DEFAULT

Figure 18 ORC Designer Program
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4. ORC DESIGNER

ORC Evaporator Preheater ACC Pump Steam ORC Layout Info
EVAPORATOR INPUTS

Tube Length (m) 10.00 |
Tube Diameter (mm) 55:40
Tube Thickness (mm) 210
Tube Conductivity (W/mC) 45.00]
Pitch Ratio 1.50
Initial OHTC (W/m2C) 1600.00
Initial Cold Side Pressure Loss (bar) 0A307
Initial Hot Side Pressure Loss (bar) 2.00
Hot Side Fouling Resistance (m2C/W) 0.000176
Cold Side Fouling Resistance (m2C/W) 0.000088 |
Figure 19 ORC Designer Program Evaporator Screen

4. ORC DESIGNER —

ORC Evaporator Preheater ACC Pump Steam ORC Layout Info

PREHEATER INPUTS

Tube Length (m) ‘ 10.00 ;
Tube Diameter (mm) 25.4_0
Tube Thickness (mm) 210
Pass Number . 2.00
Tube Bundle Layout 4500
Pitch Ratio | 150
Central Baffle Spacing Ratio | 0.60]
Inlet/Outlet Baffle Spacing Ratio J 1.15 |
Baffle Cut Percent 0.25 \
Thermal Effectiveness 100
Initial Hot Side Pressure Loss (bar) 2.00 ‘
Initial Cold Side Pressure Loss (bar) ‘ 1.00
Tube Conductivity (W/mC) 45.00
Hot Side Fouling Resistance (m2C/W) | 0.000176 |
Cold Side Fouling Resistance (m2C/W) | 0.000088

Figure 20 ORC Designer Program Preheater Screen
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4 ORC DESIGNER

ORC Evaporator Preheater ACC Pump Steam ORC Layout Info
AIR COOLED CONDENSER INPUTS
ACC Width (m) 7 20.00 |
Tube Row Number 4.00 |
Tube Diameter 25.407:
Tube Thickness (mm) 1.65 _;
Tube Pitch (mm) 58.74 |
Fin Height (mm) 15.90 |
Fin Thickness (mm) 0.40 |
Fin Per Meter 413.40 ‘
Fan Area Ratio 0.40
Fan Efficiency 0.70 |
Reducer Efficiency 0.92 |
Tube Conductivity (W/mC) 45.00
Outside Fouling Resistance (m2C/W) 0.000352 |
Inside Fouling Resistance (m2C/W) 0.000210 |
Figure 21 ORC Designer Program ACC Screen
4 ORC DESIGNER =
ORC Evaporator Preheater ACC Pump Steam ORC Layout Info

PUMP INPUTS

Variable Frequency Drive Efficiency

Motor Efficiency
Pump Efficiency

Pump Friction Loss (bar)

095
0.95 |
080
050

Figure 22 ORC Designer Program Pump Screen

120



4. ORC DESIGNER

4 ORC DESIGNER

Preheater ACC Pump

ORC Evaporator

Turbine PR min 1 Turbine PRmax | 10

Steam

Turbine PR accuracy

H1
e
EVAPORATOR -
A !

ORC Evaporator Preheater ACC Pump Steam ORC Layout Info
Water Percent to be Used in Condenser 100 | Steam Condenser Efficiency 0.9 .
WATER
>
4
STEAM MIX-1 MIX-2
STEAM
—B— ORC
CONDENSER > >
WATER
FOR CONDENSER
OUTLET-2 OUTLET-1 Y
& 4
Figure 23 ORC Designer Program Steam Side Screen
= X

ORC Layout Info

| 0.100 |

|
HEY YWF3
H3 ' WF2 ;
+—{PREHEATER>—»—
WE1 TURBINE|GENERATOR
PUMP i
A24 T WF4
WF5 i ~ — ~ HEAT SOURCE
CONDENSER — e i g
A14

Figure 24 ORC Designer Matlab Program Layout Screen

121



A

QORC Evaporator Preheater ACC FPump Steam ORC Layout Info

Prepared by Murat KARADAS
mkaradas@gmkenerji.com.tr

Important Design Parameters & Notes
- EV Approach Temperature . Temperature difference between Evaporator outlets.

- ACC Approach Temperature : Temperature difference between air inlet and WF outlet. Change
according to selected fluid and air temperature.

- PH Sat. Approach Temperature : Temperature difference of Preheater WF outlet temperature and WF
saturation temperature at outlet pressure.

- ACC Width - Effects the tube length. With increasing Gross Power, increase the width. Width should be
approximately 2-3 times of tube length.

- EV & PRE tube lengths : Changing effects the diameter of exchanger.

- Steam : Using steam in ORC will increase inlet total water flow rate but decrease the inlet temperature,
check flow rate % and assumed ORC outlet temperature.

- Successful designs may not be realistic designs. Check outputs for negative enthalpy and phases.
Theoretical GP should be approximately equal to Gross Power.

- For detail design, change Evaporator, Preheater and ACC default parameters.

Figure 25 ORC Designer MATLAB Program Info Screen
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6. RESULTS

This thesis first focuses on general ORC design to decide ORC type. The first mission is to prepare
an algorithm to choose and calculate process cycle stages in the designed Organic Rankine Cycle.
For this part of the thesis, R245FA is selected as a preliminary working fluid to prepare the method
and algorithm for process design, which will be used throughout thesis. Various working fluids
will be tried after the application of R245FA to choose best one for the given case conditions. The
low enthalpy geothermal resource and the cooling resource used in the design are 95 °C geothermal

brine at 3 bar and 150 tons/hour flow rate at 20 °C ambient air temperature.

MATLAB is used to create algorithm for the Organic Rankine Cycle process design as main
calculation software. Process is designed for two different cases, which are with recuperator and

without recuperator.

To obtain properties of fluids at every cycle and point, Coolprop addon is installed to MATLAB,

as a separate function which works as follows:

CoolProp.PropsSI(‘'H','T',B1.T+273.15,'P',B1.P*100000,fluid1)

Inputs of the Coolprop function is ‘B1.T” which is the temperature in Celsius (added 273.15 to
convert it to Kelvin), ‘B1.P’ which is pressure in bara (multiplied by 100000 to convert it to Pa)
and fluid1 is the name of the fluid which for our case “WATER’ or ‘R245FA’. Output is ‘H’ which
is the enthalpy of the selected fluid.

Algorithm:

Details of parts of the MATLAB code is specified as follows:
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Preliminary Inputs: These are brine values at the inlet and outlet of the system, which are

temperature, pressure, flow rate. System is designed according to these values. Outlet parameters

are inputs at this stage of thesis but later they will be calculated according to the heat exchangers.

Initial Assumptions:

These are assumed values that can change throughout the study depending on the design and

optimization.

Efficiencies of Turbine and Heat Exchangers: These parameters are selected as an
average 80% for turbine and 90% for heat exchangers from similar size and capacity of
Organic Rankine Cycles.

Pressure Drops in Cycle: These parameters are selected form literature with similar
sizes. It is assumed 0.5 bar for each heat exchanger at brine side while it is 0.5 bar for
preheater and 0.1 bar for evaporator at working fluid side.

Approach Temperature: This value is assumed 5 °C for this part of the study.
Condenser Output Temperature: Because at this stage of the study we do not know
much about the air-cooled condenser specifications, Condenser Output Temperature is
selected such that with the given air temperature working fluid can be condensed (with
the turbine output pressure).

Turbine Pressure Ratio: This value is assumed increasingly up to a value for every
calculation loop.

Evaporator Brine Outlet Temperature: This value is assumed between maximum
and minimum brine temperature for every calculation loop.

Working Fluid Flow Rate: This value is assumed increasingly up to a value for every

calculation loop.

Code continues with calculation and output loops.

Iteration & Calculation:

Firstly, heat exchanger duties are calculated with the assumed evaporator brine outlet temperature.
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Calculation at this point can be split into two parts. First one is starting from turbine inlet and goes
in reverse direction to cycle to pump outlet. Second part starts with turbine inlet and goes with the

cycle direction to the inlet of the pump.

In first part, evaporator working fluid outlet temperature is calculated with the assumed approach
temperature and assumed evaporator loop brine outlet temperature. Pressure of the evaporator
working fluid outlet is set such that it is superheated for a set temperature (0.2°C). Then evaporator
working fluid inlet temperature calculated according to heat transfer across evaporator. Then
preheater working fluid inlet temperature calculated according to heat transfer across preheater.
Pressures at each point calculated with the pre-assumed exchanger pressure losses.

In second part, turbine outlet parameters are calculated with the pre-assumed turbine efficiency,
assumed turbine loop pressure ratio and calculated evaporator outlet parameters. Condenser outlet
pressure is calculated with the assumed exchanger pressure loss. With the calculated pressure,
condenser outlet temperature is calculated assuming working fluid at the outlet of condenser is at
0.5°C subcooled state. Pump outlet parameters are calculated which temperature is same with the
condenser outlet, but pressure is calculated according to the pressure losses and evaporator outlet

pressure.

Calculation of the cycle with the recuperator involves one more step. Working fluid at the outlet
of pump cools the working fluid at the turbine outlet. With recuperator cold side inlet and outlet is

known and hot side inlet known, hot side outlet is calculated.
Finally, for each iteration, power generation and gross efficiency is calculated.

All calculated data at every loop is stored in the database for further analysis. Such as;

WF1.T(i)
= ¥ B -
Working Fluid sration N o
e : | Cycle Point l ‘ Parameter Iteration Number

Figure 26 Iteration System
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Parameters are flow rate, temperature, pressure, density, enthalpy, entropy, and phase.

Iterations of the turbine pressure ratio, evaporator brine outlet temperature and working fluid flow
rates are done with a predetermined step value. This step value is chosen as minimum as zero point
one (0.1) because of calculation times. Smaller step values will be chosen after algorithm is
optimized further. Smaller step values will help the algorithm to come up with better gross

efficiencies. But for this stage of the study zero point one (0.1) is considered sufficient.

Final Analysis (If Loop):
In this part, algorithm tries to find the iterations which satisfy following statements:

e Preheater inlet must be in liquid phase,

e Evaporator inlet must be in liquid phase,

e Turbine inlet must be in gas phase,

e Turbine outlet must be in gas phase,

e Condenser outlet must be in liquid phase,

e If system is with recuperator, hot side must be in gas phase, cold side must be in liquid
phase,

e Condenser output temperature must be greater than pre-assumed condenser outlet
temperature,

e If system is with recuperator, heat exchange in the recuperator must be greater than zero.

Loop firstly looks for the iteration steps for the above desired conditions. Then it looks for the

highest gross efficiency from these iteration steps.

Outputs:

Code outputs an excel table at the end of run with the name of the working fluid and power
generated. This excel table (as can be seen below) contains parameters of the working fluid at every

point of cycle.

MATLAB flow chart is presented at Figure 6.2. ORC flow diagrams wit and without recuperator
is illustrated at Figure 6.3-6.4.
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INPUTS

LOOP ITERATION

CALCULATIONS

DATA STORAGE

IF LOOP

OUTPUTS

Brine Temp
Brine Press
Brine Flow Rate

Turbine Iso Eff
Exchanger Eff
Exchanger Press Loss
Approach Temp
Condenser Out Temp

Y

Assume Turbine Pres Ratio

Assume EV Brine Outlet Temp
Assume WF Flow Rate

Y

Calculate Exchanger Duties

Determine EV WF Outlet Temp
Calculate EV WF Outlet Saturation Press
Calculate EV Inlet Temperature
Calculate PH WF Inlet Temperature
Calculate Exchanger Inlet & Outlet Press
Calculate Turbine Outlet Properties
Calculate Condenser Outlet Properties
Calculate Power, Gross Eff

Y

DATABASE

Y

Check For Desired WF Phases

Check For Desired Condenser Output Temp

‘Results

Figure 27 MATLAB flow chart for calculation of ORC
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Figure 28 ORC with Recuperator
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Figure 29 ORC without Recuperator
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MATLAB GUI:

MATLAB GUI is created to ease the calculation steps and visualization of outputs. Most important
parameters of the cycle are shown on the cycle flow diagram. Main inputs and outputs are shown

on the panel at Figure 6.5.

B1 s —

> ———————— 7

R VAPORATOR }———

voum B2 ¥ Y WF4

o (el B [
PREHFA R} 'TURBINE|GENERATOR

e WF24 fWF‘S :
ey Sy N | i
{ RECUPERATOR ) — 17
A / —_— _w”::: : \ ;.l‘
s WF14 ‘ e _
'@IPUMP A vWF6 ..
— A2‘ 4.
= WF7a i
CONDENSER +—
A1s

Figure 30 ORC Panel with inputs and outputs

Preliminary Results to Decide ORC Type

Results of the MATLAB calculations for both with recuperator are shown at Table 6.1. According
to these calculations 338.1 kW gross power can be generated by R245FA at ORC with recuperator
and thermal efficiency of the plant can found as 5.05%. The total pressure losses in condenser,

recuperator, evaporator and preheater are calculated 0.9 bar.

Results of the MATLAB calculations for both without recuperator are shown at Table 6.2.
According to these calculations 358 kW gross power can be generated by R245FA at ORC without
recuperator and thermal efficiency of the plant can found as 5.35%. The total pressure losses in

condenser, recuperator, evaporator and preheater are calculated 0.7 bar.
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Table 6.1 ORC with recuperator

Gross Power: 338.1 kW  Gross Efficiency: 5.05%  Total Pressure Loss in HX: 0.9 bar
Flow Rate  Temperature Pressure Density Enthalpy  Entropy

Points mé/h °C bar  kgim® kJkg  klkgk @ nase
WF1 91.26 24.29 405 1341.20 23212 111 liquid
WF2 91.78 27.04 395 133367 235.75 112 liquid
WF3 96.03 47,64 345 127462 263.49 121 liquid
WF4  6657.98 51.00 335 1838  443.90 1.77 gas
WF5  13268.24 36.11 167 922 43385 1.78 gas
WF6 1392538 31.89 157 879  430.23 1.77 gas
WE? 91.32 24.29 147 134040 232.05 111 liquid

Table 6.2 ORC without recuperator

Gross Power: 358 kW Gross Efficiency: 5.35% Total Pressure Loss in HX: 0.7 bar

Flow Rate Temperature Pressure Density Enthalpy  Entropy

Points m3/h °C bar  kgm? kikg  klkgk @ nase
WF1 90.48 25.87 409 133691 23421 112 liquid
WF2 95.69 51.15 350 126405 268.35 123 liquid
WF3  6317.29 52.30 349 1015 444.84 1.77 gas
WF4 1322347 36.32 166 915  434.07 1.78 gas
WF5 90.53 25,87 156 133612 234.13 112 liquid

The same calculations are repeated for R218, R134a, R245fa, R236fa, R123, iso-pentane, n-
pentane, iso-butane, n-butane and then the gross energy production of ORC system without
recuperator calculated higher than recuperator system. It is observed that for case temperatures,
energy gain from the recuperator (by gaining temperature) is less than energy loss (by pressure
losses) for cold and hot streams. It is noted that evaporator outlet point properties are the most
crucial for the efficiency of the cycle. Preliminary chosen 5 °C approach temperature may change
according to the evaporator design study. Another important point in terms of efficiency of the
cycle is condenser outlet temperature. This value is assumed min 4 °C greater than the average air
temperature. But air-cooled condenser design may change it in positive or negative way. Also,
cycle must be studied for temperatures throughout a year. Cycle may work in winter, but it may

not in summer.
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After that, the detailed design studies for heat exchangers by using MATLAB program is
performed. The flow chart of evaporator and preheater is shown at Figure 6.6 while flow chart for

ACC is presented at Figure 6.7.

In this part, preheater and evaporator geometrical dimensions are evaluated for different type of
working fluids. A MATLAB algorithm of each designed equipment will be implemented for all
ORC for different working conditions. ORC Designer program is developed to make optimization

for performance and geometrical conditions of the equipment’s.

A model to evaluate the performance of an Organic Rankine cycle (ORC) at low temperature
geothermal resources such as 150 tons/hour flow rate at 90 °C temperature. The system was
evaluated nine dry organic working fluids, R218, R134a, R245fa, R236fa, R123, iso-pentane, n-

pentane, iso-butane, and n-butane.

The important part of ORC Designer program is possibility to change all assumptions. The main
inputs of the ORC Designer MATLAB Program are presented below:

e Evaporator approach temperature which is temperature difference between evaporator
outlets for hot fluid and cold fluid is assumed 5 °C.

e Air cooled condenser approach temperature which is temperature difference between air
inlet and working fluid outlet is assume 20 °C. It changes according to selected fluid and
air temperature.

e Preheater saturation approach temperature which is temperature difference of Preheater
working fluid side outlet temperature and working fluid saturation temperature at outlet
pressure. The aim of this temperature difference is to prevent boiling in the preheater.

e Air cooled condenser (ACC) width is affects the tube length with increasing Gross Power
and causes to increase the width. ACC width should be approximately 2-3 times of tube
length.

e Evaporator and Preheater tube lengths which effect the diameter of exchanger.

e Amount of steam: Using steam in ORC will increase inlet total water flow rate but decrease
the inlet temperature, check flow rate % and assumed ORC outlet temperature.

e Successful designs may not be realistic designs. Check outputs for negative enthalpy and
phases. Theoretical GP should be approximately equal to Gross Power.

e For detail design, change Evaporator, Preheater and ACC default parameters.
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Figure 31 MATLAB flow chart for calculation of Preheater and Evaporator
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FLUID INPUTS

*  Working Fluid Name
* Input Outlet Temperature and Pressure
* Flow Rate

e  Air Inlet Temperature and Pressure

TUBE INPUTS
*  Tube Diameter, Thickness,Pitch
e  Fin per meter, Height , Thickness
* Fouling Coefficients

e ACC Width

ASSUMPTION
s Uoverall

t

TUBE SIDE THERMAL CALCULATION

LMTD

Heat Transfer Area

Face Area

Tube Lenght, Number
Mass Velocity

Reynolds Number

Heat Transfer Coefficient

AIR SIDE THERMAL CALCULATION
Air Flow Rate

Face Area

Velocity

Reynolds Number

Nusselt Number

Heat Transfer Coefficient

l

CALLCULATION
e U overall

l

4

FAN CALCULATION

Fan Area

Assume Fan Number
Fan Diameter
Pressure Difference
Fan Power

Total Fan Power

PRESSURE LOSS CALCULATION
* Gas Cooling

Condensing

Liquid Cooling

Total Pressure Loss

Figure 32 MATLAB flow chart of calculation for ACC
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ORC Designer MATLAB algorithm is developed and after 180.000 iteration, main properties of
heat exchangers which are shell diameters, tube diameters, number of tubes, tube count and layouts,
hex length, shell side and tube side heat transfer coefficients, overall fouling heat transfer

coefficient, pressure losses are determined.

The same algorithm was tried for the different heat exchanger design approaches and these
approaches were compared with each other. Finally, the design approach method with the safest
results was accepted during heat exchanger design. Preheater and evaporator geometrical

dimensions are evaluated. Boiling in the evaporator was investigated.

According to these calculations, the comparison of all working fluids is presented Table-6.3. In this
table, the turbine efficiency (TurbineEff) which is accepted as 85% means isentropic efficiency of
turbine while heat exchanger efficiency (ExchangerEff) is defined as the ratio of the amount of heat
transferred in the actual case to the amount of heat in the ideal (theoretical) case. Since the highest
efficiency heat exchanger design has been studied in this thesis, the efficiency was assumed as
100% and the heat exchanger designs were performed. The gross power (kW) which is defined as
the total electrical output of turbine while the net power (kW) is net electrical output after internal

consumption of auxiliary equipment such as pump, air cooled condenser.

Theoretical GP (kW) is calculated gross power before detailed design and Pressure Ratio means
working fluid’s pressure ratio between turbine inlet and outlet. WF FlowRate(t/h) and B
FlowRate(t/h) are the mass flow rates of working fluid and geothermal brine, respectively.
GrossEff.(Gross Efficiency) and NetEff.(Net Efficiency) are calculated the ratio of gross and net
power to the total heat transfer of the geothermal brine. H_Evaporator(kW) and H_Preheater(kW)
are the total heat transfer between geothermal fluid and working fluid at each shell and tube heat
exchangers while H_Condenser(kW) is the total heat transfer between air and working fluid at air

cooled condenser.

Working fluid shall enter the turbine 1 °C superheat for proper functioning of the turbine. ACC
Cons(kW) means electricity consumption of air-cooled condenser fans while ACC Length(m), and
ACC Width is the length and width of air-cooled condenser. ACC Area(m?) can be calculated by
multiplying of ACC Length and ACC Width. The number of tube rows means that how many rows
of tubes passing through the condenser are on top of each other.
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All these properties are calculated for 9 different working fluids consisting of isopentane, n-butane,
n-pentane, iso-butane, R123, R245FA, R236 FA, R134A, and R218. The geothermal fluid
conditions at ORC inlet are kept the same on all calculations as 90 °C temperature, 150 tons/hour
flow rate, 3 bar pressure and it has been assumed that there is no steam. Annual average air
temperature is selected 18 °C and altitude is defined as 100 m. The turbine efficiency is assumed

as 85% and turbine inlet temperature is planned as 1 °C.

Figure 6.8 shows the comparison of gross and net efficiencies of each working fluid. The ranking
of each working fluids from highest to lowest for gross power efficiency are R128, iso-butane,
R123, R245FA, iso-pentane, n-butane, R236FA, n-pentane and R134A with 6.93%, 6.11%, 6.01%,
5.98%, 5.84%, 5.78%, 5.74%, 5.60%, 5.10% gross efficiencies while the ranking of each working
fluids from highest to lowest for net power efficiency are R123, iso-pentane, R245FA, n-pentane,
iso-butane, n-butane, R236FA, R218, R134A with 4.48%, 4.42%, 4.38%, 4.32%, 4.22%, 4.13%,
3.96%, 3.46%, 3.15% net efficiencies, respectively.

Figure 6.9 is illustrated the comparison of gross and net power generation of each working fluid.
The ranking of each working fluids from highest to lowest gross power generation are R128,
R134A, R236FA, iso-butane, n-butane, iso-pentane, n-butane, n-pentane and R123 with 394kWe,
268kWe, 261kWe, 257 kWe, 254 kWe, 245 kWe, 245 kWe and 243 kWe gross power generation
while the ranking of each working fluids from highest to lowest net power generation are R218, n-
pentane, iso-pentane, R245FA, R123, n-butane, R236FA, iso-butane, R134A with net power
generation of 197kWe, 189 kWe, 186kWe, 182 kWe, 181 kWe, 180 kWe, 177 kWe and 166 kWe,
respectively.
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Table 6.3 ORC Designer MATLAB Program Results under the same conditions

COMPARISON OF THE DIFFERENT WORKING FLUIDS AT THE SAME CONDITIONS

Fluid: ISOPENTANE NBUTANE NPENTANE ISOBUTANE R123 R245FA R236FA R134A R218
TurbineEff: 0,85 0,85 0,85 0,85 0,85 0,85 0,85 0,85 0,85
ExchangerEff: 1 1 1 1 1 1 1 1 1

Gross Power(kW): 245 254 245 257 243 249 261 268 394

Net Power(kW): 186 181 189 177 181 182 180 166 197
Theoretical GP (kW): 245 252 246 254 243 249 260 269 442
Press,R: 2.100 1.900 2.100 1.900 2.200 2.200 2.000 1.700 2.100
WF FlowRate(t/h): 40.177 41.175 39.791 43.279 80.022 73.676 106.326 108.663 276.774
B FlowRate(t/h): 150.000 150.000  150.000 150.000 150.000 150.000 150.000 150.000 150.000
GrossEff: 5,84% 5,78% 5,60% 6,11% 6,01% 598% 574% 510%  6,93%
NetEff: 4,42% 4,13% 4,32% 4,22% 448%  438%  3,96%  3,15%  3,46%
H_Evaporator(kW): 3.571.551 3.718.787 3.779.584 3.439.290  3.481.972 3.480.667 3.666.550 4.383.106 2.390.592
H_Preheater(kW): 633.204 672.239  601.511 761.534 562.326 680.648 881.971 874.966 3.298.069
H_Condenser(kW):  3.959.478 4.138.951 4.135.464 3.946.731  3.800.999 3.912.768 4.288.767 4.988.909 5.246.642
Superheat(°C): 1.000 1.000 1.000 1.000 1.000 1.000 1.000 1.000 1.000
Pump Cons,(KW): 4.952 10.188 3.917 15.267 4.643 7.019 14,108  25.892  119.049
ACC Cons,(kW): 54.559 62.374 52.096 64.332 57.396 59.855 66.883  76.787  78.320
ACC Length(m): 8.334 9.168 8.058 9.584 8.592 8.836 9.814 10.716  10.914
ACC Width(m): 20.000 20.000 20.000 20.000 20.000 20.000 20.000 20.000  20.000
ACC Area(m2): 166.679 183.356  161.164 191.684 171.839 176.716 196.276 214.312 218.288
Number of Tube Rows 4.000 4.000 4.000 4.000 4.000 4.000 4.000 4.000 4.000

136



Efficiency Comparison of Working Fluids
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Figure 33 Comparison of efficiencies of the different working fluids
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Figure 34 Comparison of power productions of the different working fluids
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While the gross and net power production was maximum with 394 kW and 196 kW in case of R218,
the working fluid flow rate was also maximum with the same fluid. Therefore, ORC with R218
working fluid has the highest the internal consumption of pump and ACC as 197 kW approximately.
On the other hand, the net efficiency for the same fluid was the lowest one with 3.46%. The

maximum net efficiency of 4.48% was achieved with R123.

In terms of the highest efficiency and net power generation, n-pentane is found as the optimum
working fluid. Gross and net power generation with n-pentane are 245 k\We and 189 kWe electricity

with 5.6% gross and 4.32% net efficiencies.

Comparison of Net Power(kW) vs ACC and Total HX Area
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Figure 35 Comparison of net power vs ACC and total heat exchanger area for the different working fluids

Figure 6.10 shows the comparison of air-cooled condenser and heat exchangers (preheater+
evaporator) heat transfer surface area vs. net power generation for all working fluids. According to
geometrical design, heat transfer and thermodynamics calculations of preheater, evaporator, and

air-cooled condenser; n-pentane absorbs heat from geothermal water by using minimum area of
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preheater and evaporator with 248.224 m? total area while it throws its heat into the air by using

minimum air-cooled condenser area (161.164 m?) in all working fluids.
Therefore, n-pentane is also the most suitable fluid in terms of material cost.

Temperature-Heat transfer diagram is illustrated at Figure 6.11. Blue lines express the heat transfer
at preheater while red lines express the heat transfer at evaporator. 13.72% of the total heat transfer
takes place in the preheater for heating of n-pentane while 86,28% of the total heat transfer takes
place in the evaporator for heating, boiling and 1°C superheating of n-pentane. The geothermal
brine firstly enters the evaporator at 90 °C and leaves at 68.39 °C and then it enters to preheater.
The temperature of brine decreases to 64.95 °C and geothermal fluid leaves from the cycle. The
thermophysical properties of n-pentane, brine and air at each point of cycle is presented at Table
6.4.
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Figure 36 T-Q diagram output for n-pentane of ORC Designer Program
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Table 6.4 Thermophysical properties of n-pentane, brine and air at each point of cycle

Points Flow Rate  Temperature Pressure  Density  Enthalpy Entropy Phase

# (m3/h) °C) (bara)  (kg/m3)  (kJkg)  (KIkgK)  #
WF1 65,45 38,03 2,62 607,93 4,80 0,01 liquid
WF2 68,11 60,39 2,60 584,24 59,22 0,18 liquid
WF3 6.197,00 63,39 2,30 6,42 401,17 1,20 gas
WF4 12.906,43 48,15 1,09 3,08 378,75 1,22 gas
WF5 65,47 38,00 1,09 607,74 4,60 0,01 liquid

H1 155,39 90,00 3,00 965,30 377,04 1,19 liquid
H2 153,27 68,39 2,55 978,64 28633 094 liquid
H3 152,98 64,95 2,42 980,55 271,89 0,89 liquid
Al 1.343.505 18,00 1,00 1,20 41740 386  Air
A2 1.387.255 27,19 1,00 1,16 426,64 389  Air

N-pentane enters the preheater at 38.03 °C and the temperature of n-pentane increases to 60.30 °C
at preheater. The temperature of n-pentane increases to 62.39 °C, boils and then superheats to 63.39
°C. Approximately, 85% of geothermal heat transfer is used for boiling and evaporating of n-
pentane.

Pressure-Enthalpy (P-h) diagram and Temperature-Entropy (T-s) diagram are presented at Figure-
6.12-6.13. According to these diagrams, the pump transfers to pentane into preheater at point 1 at
38.03 °C, 2.62 bar and 39.79 kg/s. The temperature of n-pentane increases to 60.39 °C and pressure
of n-pentane decreases to 2.60 bar at point 2, then enters to evaporator. N-pentane heats up, boils
and superheats up to 63.39 °C and its pressure decreases to 2.30 bara at point 3. N-pentane then
passes through the turbine and expands. The temperature and pressure decrease to 48.15 °C and
1.09 bar at point 4. This pressure and temperature dropping process produce a rotational shaft power
by transforming kinetic energy and then 245 kW gross energy obtained between point 3 and 4.
After turbine, n-pentane enters the air-cooled condensers and then it cools down, becomes
condensate and a little bit subcooled at constant pressure as 1.09 bar by using 447.8 kg/s mass flow
rate of air at 18 °C. The temperature of air increases to 27.19 °C while the temperature of n-pentane
decreases to 38 °C at point 5. Fans of air-cooled condenser use 52.096 kW electricity at this process.
Finally, working fluid is pumped back into preheater by a pump from point 5 to 1 and then Rankine

cycle is completed. Internal consumption of pump is calculated as 3.917 kW.

The total auxiliary consumption of ORC is calculated as 56 kW approximately and then net power

generation is found as 189 kWe.
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Figure 37 P-h diagram output for n-pentane of ORC Designer Program

Yy = O X
T-S Diagram (NPENTANE)
200
O 150
Py
S
@ 100
©
£ 2
2 50 1/ J4
5 /
0 I | | |
-0.5 0 0.5 1 15
Entropy (kJ/kgK)

Figure 38 T-s diagram output for n-pentane of ORC Designer Program
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The optimum geometrical results of preheater and evaporator is presented at Table 6.5. In the table,
hot fluid means geothermal water while cold fluid is n-pentane. Evaporator uses Kettle Type Boiler
(K-Shell) while preheater uses one pass Shell (E-Type). Duty means total heat transfer process in
evaporator and preheater which are calculated 3965.084 kW and 609.808 kW, respectively.

Table 6.5 Data sheet of Evaporator and Preheater

PROPERTIES EVAPORATOR PREHEATER
Hot Fluid: WATER WATER
Working Fluid: NPENTANE NPENTANE
Shell Type: K-Shell E-Shell
Duty (kW): 3965,084 609,808
Heat Transfer Area (m2): 184,387 63,837
EMTD (°C): 13,44 14,656
Fouling OHTC (W/m2C): 1113,455 651,779
Clean OHTC (W/m2C): 1668,787 809,458
Pass Number: 1 2
Tube Number: 231 80
Tube Length (m): 10 10
Tube Diameter (mm): 25,4 25,4
Tube Thickness (mm): 2,1 2,1
Tube Layout (°): 45 45
Bundle Diameter (mm): 728 35
Shell Diameter (mm): 1456 463
COLD SIDE
Flow Rate (kg/h): 39790,878 39790,88
Inlet Temperature (°C): 60,393 38,034
Outlet Temperature (°C): 63,393 60,393
Fouling Resistance (m2C/W): 11360 0,000088
Pressure Loss (bar): 0,3 0,036
HOT SIDE
Flow Rate (kg/h): 150000 150000
Inlet Temp (°C): 90 68,393
Outlet Temperature (°C): 68,393 64,947
Density (kg/m3): 972,379 979,635
Specific Heat (j/kgC): 4195,719 4188,199
Dynamic Viscosity (Pa.s): 0,0003577 0,000423
Conductivity (W/mC): 0,667 0,657
Pr Number: 2,252 2,695
Fouling Resistance (m2C/W) 5682 0,000176
Pressure Loss (bar): 0,128 0,454
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The total heat transfer area of evaporator and preheater are calculated 184.387 m? and 63.837 m?,
respectively. Pressure losses of working fluid side is obtained 0.3 bar and 0.036 bar at evaporator
and preheater while pressure losses of geothermal brine is 0.128 bar and 0.454 bar at evaporator

and preheater, respectively.

Air-cooled condenser design considerations and geometrical results are presented at Table 6.6. The
total heat transfer from n-pentane to air is calculated 4135.462 kW. The total heat transfer area is
obtained 19595.129 m? with 4 tube rows.

Table 6.6 Data sheet of ACC

PROPERTIES VALUE
Cold Fluid: AIR
Working Fluid: NPENTANE
Fan Power (Kw): 52,096
Duty (kW): 4135,462
Air Inlet Temp (°C) 18

Air Outlet Temp (°C) 27,19
WEF Inlet Temp (°C) 48,147
WF Outlet Temp (°C) 38
LMTD (°C) 14,219
Heat Transfer Area (m2): 19595,129
Air Flow Rate (kg/h): 1610057,376
Fouling OHTC (W/m2C): 14,842
Clean OHTC (W/m2C): 17,294
ACC Width (m): 20
Tube Number: 1362
Tube Length (m): 8,058
Tube Diameter (mm): 25,4
Tube Thickness (mm): 1,65
Number of Tube Rows: 4
Face Area (m2): 161,164
Fan Area (m2): 64,466
Tube Pressure Loss (Pa): 564,177
Air Pressure Loss (Pa): 88,466

1610057,376 kg/s air flows from bottom side to top side of ACC by fans which has 52.096 kW
consumption. N-pentane loses very small amount pressure with 564.177 Pa (0.00564 bar) during

condensing process.
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7. DISCUSSION

This thesis aimed to develop an ORC system to utilize the low enthalpy and low flow rate

geothermal resource which is unused in Turkey for power generation.

Generally, it is difficult to come across a detailed design of an ORC system’s subcomponents
directly. When examining the most ORC modelling studies in the literature, it is obvious that
calculations are made with assumptions without considering the geometric properties of the internal

components such as heat exchangers, ACC’s, turbine, or pump.

In order to improve the thermal efficiency and power generation, different configurations of ORC
system have been developed with recuperator and non-recuperator. The recuperator transfers some
of the waste heat in the exhaust of turbine, thus preheating circulating working fluid before entering
the preheater without external heat source. However, the recuperator also creates two times

pressure drops at cold side and hot side.

According to preliminary ORC models, the efficiency and power output of ORC system without
recuperator is calculated higher than ORC system with recuperator. The same calculations are
performed for R218, R134a, R245fa, R236fa, R123, iso-pentane, n-pentane, iso-butane, n-butane
and then the gross energy productions and efficiencies of ORC system without recuperator
calculated higher than recuperator system. It is means that energy gain from the recuperator due to
heat transfer is less than energy loss due to pressure losses for cold and hot streams for low enthalpy
geothermal resources. It also means that recuperator usage can be more effective for ORC at
medium and high enthalpy geothermal resource. Therefore, the next models for the thesis are
developed according to non-recuperator ORC system.

Air cooled condenser is used as condensing system of ORC at this thesis because its widespread
use in the geothermal industry due to scarcity of water resources. However, the water-cooled
condenser is used in general literature (Ata et al., 2019; Hu et al., 2021; Song et al., 2020; Shengjun
et al., 2011) because it is more efficient and easier to calculate. Furthermore, the heat transfer
coefficient evaluation in air-cooled condensers is difficult while the detailed design and

geometrical scaling calculations are very complex.
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In addition, the pressure drop calculations are performed in the ORC modelling for pre-heater,
evaporator and air-cooled condenser, although it has been ignored in most other studies
(Chacartegui et al., 2011; Wei et al., 2008; Karellas et al., 2012). Moreover, this thesis directly
focuses on the detailed design and geometrical scaling calculations of heat exchangers for low heat
geothermal resources while most of the literature only calculate the heat transfer surface area of

heat exchangers (Hettiarachchi et al., 2007).

The most of the thermodynamical analysis or modelling studies are performed for higher
temperature geothermal resources over 100 °C (Bahaa and Gerald, 2007; Yamada et al., 2012; Li
et al., 2011) or lower capacity ORC applications for experimental purposes (Gang et al., 2011;
Shengjun et al., 2011); while a model to evaluate the performance of an Organic Rankine cycle
(ORC) at low temperature geothermal resources such as 150 tons/hour flow rate at 90 °C

temperature for industrial applications in this study.

Under this thesis, an ORC Designer MATLAB algorithm and application is developed and after
180.000 iteration, main properties of heat exchangers which are shell diameters, tube diameters,
number of tubes, tube count and layouts, hex length, shell side and tube side heat transfer
coefficients, overall fouling heat transfer coefficient, pressure losses, etc. are determined. ORC
Designer MATLAB application is user oriented, friendly application and the similar interfaces to
heat exchanger design programs have been developed. It has an .exe file and it can even be installed
on a computer without a MATLAB program. Every assumption is input, and the design can be

changed according to the desired conditions.

During the ORC Designer MATLAB application calculations, some inputs are used directly
industrial experiences such as preheater saturation approach temperature which is temperature
difference working fluid side outlet temperature and working fluid saturation temperature at outlet
pressure. The main purpose of this temperature difference is to prevent boiling in the preheater.
We assumed it 2 °C although it can be variable in the program. Evaporator approach temperature
which is temperature difference between evaporator outlets for hot fluid and cold fluid is assumed
5 °C. Air cooled condenser approach temperature which is temperature difference between air inlet
and working fluid outlet is assume 20 °C. It changes according to selected fluid and air temperature
in ORC designer program. Since turbine design is not the subject of this study, isentropic efficiency

which is assumed 85% can be entered as input according to the turbine to be selected. According
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to industrial standards, the working fluid shall enter minimum 1 °C superheat to protect turbine.
When producing a heat exchanger, it should comply with industrial standards and materials that
are easily available in the market should be used to keep the cost low, not be custom made. For this
reason, it is necessary to enter the basic properties of the materials that can be used during
manufacturing of system into the program. The length of the heat exchangers and the width of the
ACC must be entered according to the maximum dimensions of the area where the ORC will be
installed. If the length of the ACC or the diameters of the heat exchangers are high or low from

expected value, the program should be run again with the new geometrical inputs.

ORC designer program was evaluated nine organic working fluids, R218, R134a, R245fa, R236fa,
R123, iso-pentane, n-pentane, iso-butane, and n-butane under the same inputs. The best efficient
and productive working fluid with 6.93% gross efficiency is selected R218 as 394 kWe gross power
generation however it has the lowest net efficiency and highest power generation with 3.46% and
197 kWe, respectively. Only one preheater is used at all working fluids except R218. R218 uses
two preheaters and drops re-injection temperature lower than 60 °C. Therefore, it gives the best
gross and net power generation considering it has the lowest net efficiency. It means that
manufacturing cost of ORC with R218 will be highest in the others working fluids. Therefore,
R218 is eliminated because of low net efficiency and re-injection temperature and high

manufacturing cost. The evaluation was continued by considering the remaining fluids.

The ranking of working fluids from highest to lowest net power efficiency are R123, iso-pentane,
R245FA, n-pentane, iso-butane, n-butane, R236FA, R218, R134A with net efficiencies of 4.48%,
4.42%, 4.38%, 4.32%, 4.22%, 4.13%, 3.96%, 3.46%, 3.15%, respectively. The ranking of working
fluids from highest to lowest net power generation are R218, n-pentane, iso-pentane, R245FA,
R123, n-butane, R236FA, iso-butane, R134A with net efficiencies of 197kWe, 189 kWe, 186kWe,
182 kWe, 181 kWe, 180 kWe, 177 kWe and 166 kWe, respectively.

While the net efficiency of R123 is the highest one, the net power generation of it 182 kW and re-
injection temperature at 66.88 °C. However, net power generation of n-pentane is 189 kW at 64.95
°C re-injection temperature although n-pentane is in the fourth place in efficiency ranking. ORC
working with n-pentane as a working fluid makes the most use of geothermal fluid because n-
pentane has a minimum re-injection temperature. N-pentane is found as the optimum working fluid

in terms of the highest efficiency and net power generation. The total flow rate of n-pentane is
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39.791 tons/hour at circulation. ORC with n-pentane generates 245 kWe gross and 189 kWe net
electricity with 5.6% gross and 4.32% net efficiency by using 150 tons/hour geothermal brine at
90 °C while ambient air temperature is 18 °C. Also theoretical gross power is equals to ORC
Designer program results. Internal consumptions of pump and ACC fans are calculated 3.917 kWe
and 52.096 kWe, respectively. Additionally, ORC model with n-pentane has minimum heat
transfer area at preheater, evaporator and air-cooled condenser which means that n-pentane is the

most suitable fluid in terms of material cost.

Table 7.1 Geometrical comparison between the present results and Ref (Fu et al., 2015)

PARAMETER Ref. (Fu etal., 2015) Present Study
Tube inside/outside diameter 1.471/1.587 cm 2,12/2,54 cm
Tube thickness 0.058 cm 0,21 cm

' Tube number 200 80

|<T: Tube bundle 1 pass 2 passes

LiJ Tube/Shell length 360 cm 1000 cm

i Shell diameter 32.45cm 46,5 cm

E Baffle cut 30% 25%
Baffle plate number 17 35
Calculated heat transfer area 35,878 m2 63,837 m2
Tube inside/outside diameter 1.639/1.765 cm 2,12/2,54 cm

x Tube thickness 0.063 cm 0,21 cm

O  Tube number 300 231

'<T: Tube bundle 4 passes 1 pass

& Tube/Shell length 360 cm 1000 cm

% Number of tube rows 12 4

5 Free space above upper tube row 47% -
Shell diameter 69,59 cm 145,6 cm
Heat transfer area 59,854 m2 184,387 m2
Cooling Type Water Air
Tube outside diameter 1.905cm 2,54 cm

o Tube number 480 1362

L Tube bundle 2 passes 1 pass

E Width - 20m

% Tube/Shell length 360 cm 805,8 cm

O  Distance upper row/centre 2.23cm -

O Number of tube rows 18 4
Shell inside diameter 71.7 cm -
Heat transfer area 103,363776 19595,129 m2
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In terms of model validation, geometrical results of this study are compared with experimental
results of another study (Fu et al., 2015) at Table 7.1. Fu et al. (2015) made a study on design,
construction, and experimental testing of a 250 kWe ORC, consisting of a working fluid circulation
pump, preheater, evaporator, turbine, generator, water cooled condenser and cooling tower. They
had used a simple ORC with a preheater, an evaporator, a turbine, condenser, and pump which is
only different from this study in terms of using of water-cooled condenser. In the study, hot water

was supplied by a boiler as waste heat at 119.8 C.

The total heat transfer area of preheater and evaporator of existing study is 2.6 times higher than
the total heat transfer area of reference study (Fu et al. (2015))’s preheater and evaporator. The
main reason of the higher heat transfer area in preheater and evaporator at existing study is that
geothermal water flow rate is 55.8% higher and temperature is 29.8 °C lower than reference study
(Fu et al. (2015))’s working conditions. High flow rate and low temperature cause more heat
transfer surface to occur. Since a water-cooled condenser is used in Fu et al. (2015), it will not be

correct to compare the condensers.

Table 7.2 Thermodynamical and heat transfer comparison between the present results and Ref. Fu et al.

(2015)

PARAMETER Ref. Fu et al. Present Study
(2015)

Mass flow rate of hot water (kg/s) 26,7 41,6
Inlet temperature of hot water (°C) 119,8 90
Outlet temperature of hot water (°C) 94,7 68,393
Temperature difference of hot water (°C) 25,1 21,607
Working fluid R245fa n-pentane
Working fluid flow rate (kg/s) 11,85 11,05
Evaporation temperature (°C) 94,7 63.39
Superheat at evaporator outlet (°C) 1,7 1
Total heat transfer in preheater (kW) 1161 601,511
Total heat transfer in evaporator (kW) 1560 3779,584
Total heat transfer from hot water (kW) 2721 4381,095
Turbine design efficiency (%) 80 85
Pump design efficiency (%) 90 80
ORC gross efficiency (%) - 5,60
ORC thermal efficiency (%) 7,94 4,32 (net)
Gross power output (kWe) - 245
Net power output (kWe) 225 189
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Although they designed the system for 15.39 kg/s hot water at 133.9 °C, they were able to use
higher flow rate with 26.7 kg/s and lower inlet temperature with 119.8 °C during the experimental
studies. The inputs, thermodynamic and heat transfer results comparison of reference study with

present study are presented at Table 7.2.

The turbine design efficiency of existing study is 5% higher than Fu et al. (2015) while pump
design efficiency is 10% lower than it. Working fluid at turbine inlet is 1.7 °C superheat at Fu et
al. (2015) while it is 1 °C superheat in this study. In addition, the working fluid flow rates are very
similar even if they are different. It cannot be said that there is a marginal difference in terms of
these parameters. However, ORC in Fu et al. (2015) was designed 133.9 °C and tested 119.8 °C
hot water inlet while ORC in this study is developed for low enthalpy geothermal resources lower
than 90 °C. Their exit temperature is higher than existing study’s inlet conditions with 94.7 C
temperature. Therefore Fu et al. (2015)’s ORC thermal efficiency is 3.62% higher than existing
study. However, they preferred to use a water-cooled condenser, which is more efficient than an
air-cooled condenser. According to industrial applications, the gross and net ORC efficiencies of

water-cooled system is minimum 1% higher than air-cooled system.

Net Efficiency vs. Temperature
Net Efficiency = - 3,629 + 0,09390 Temperature- 0,000000 Temperature**2
20,0 4
17,5
)
X
< 15,01
>
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9 12,5-
=
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)
=
7,51 s 0,0030861
R-Sq 100,0%
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100 120 140 160 180 200 220 240
Temperature (C)

Figure 39 Net efficiency vs. Temperature Graph by using Geothermal Investment Tool (GMK Energy
“Geothermal Investment Tool Application”, 2022)
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When the study is examined in detail, the gross power of the ORC is not mentioned in the paper
and the consumptions of the auxiliary equipment operating the system are not given. Considering
that the total installed turbine power is 250 kWe at full capacity, they obtained 225 kWe net at off-
design conditions. If the internal consumption of the working fluid circulation pump, cooling tower
fans, cooling water circulating pumps and make-up water pump are not considered in the net power

output calculation, ORC thermal efficiency can be less than 7.94%.

Geothermal investment tool (GMK Energy, 2022) is a geothermal power plant capacity calculator
by using heating resource conditions which developed according to installed actual air-cooled
geothermal power plants benchmarking. Figure 7.1 shows the effects of hot fluid inlet temperature
on net efficiencies of air-cooled geothermal power plants. Industrial benchmarking study in
Geothermal investment tool shows that each 1°C change in inlet temperature has a 0.094% effect

on net efficiency.

If we want to compare Fu et al. (2015) with this study, 2.8% efficiency should be decreased in
terms of inlet temperature difference while 1% efficiency should be decreased in terms of air-
cooling effect. Therefore, ORC thermal efficiency of Fu et al. (2015) drops from 7.94% to 4.14%
and then the efficiency of this study will be higher than Fu et al. (2015).
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8. CONCLUSION AND RECOMMENDATION

The main purpose of this thesis is modelling an Organic Rankine Cycle and detailed design of its
main equipment such as heat exchangers, preheaters and air-cooled condensers for low enthalpy
geothermal resources. In Turkey, the total geothermal power plants are supplied with geothermal
fluids from medium and high enthalpy geothermal reservoirs. Low enthalpy (<100 °C) geothermal

wells are not used for power generation unless their geothermal fluid flow rate is sufficiently high.

This thesis will guide the domestic production, development and prototyping of the power
generation unit (micro-ORC) operating according to the Organic Rankine Cycle to generate

electricity from low enthalpy geothermal resources.

In geothermal fields with temperature higher than 100 °C in Turkey and worldwide, geothermal
resources are usually used for electricity generation. Low enthalpy fields below this temperature
are used in other areas where high temperatures are not needed, such as district heating, greenhouse
heating, etc. Companies conducting geothermal exploration and drilling activities with the
intention of building a geothermal power plant either abandon their projects or leave their sites
dormant if they find resources with a temperature of 100 °C and below. In addition, companies
whose only reservoir temperatures are above 100 °C are not satisfied with geothermal exploration
work. They are looking to use artesian or artificial production methods (pumping) to reach a
temperature of 100 °C and above at the wellhead.

There are companies around the world producing low-capacity ORC and combined heat and power
(CHP) systems. However, their low temperature operating systems limit capacity (200 kW max)
or require temperatures above 200 °C as waste heat power recovery units. There are many
companies that commercially produce low-capacity ORCs (Exergy, Turboden, Electratherm, Rank,

Orcan etc.) at temperatures over 100 °C for small scale plants.

This thesis aimed to develop an ORC system to utilize the low enthalpy, low flow rate geothermal
fluid, which is unused in Turkey, for power generation. A detailed MATLAB model is developed
to evaluate the performance of an Organic Rankine Cycle (ORC) and detailed sub-component

(preheater, evaporator and air-cooled condenser) design on low-temperature geothermal resources
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such as 150 tonnes/hour flow at 90 °C temperature. The system was evaluated with nine dry organic
working fluids: R218, R134a, R245fa, R236fa, R123, iso-pentane, n-pentane, iso-butane, and n-
butane. In this study, the following conclusions were reached:

Results of the preliminary calculations for recuperator and non-recuperator system shows
that thermal efficiency and power output of non-recuperator system is higher than
recuperator system. Therefore, non-recuperator ORC system is selected for detailed design
calculations.

The best efficient and productive working fluid is selected R218 as gross power generation
while the best one is R123 as net power generation.

Only one preheater is used at all working fluids except R218. R218 uses two working fluids
and drops re-injection temperature lower than 60 °C. Therefore, it gives the best net power
generation considering it has the lowest net efficiency.

N-pentane and iso-butane give the maximum net power generation as 189 kWe and 177
kWe respectively while R218 net power output as 197 kWe.

When net efficiency and power generation are considered together, the suitable working
fluids are n-pentane, iso-butane, n-butane, R245fa, respectively.

The ranking of working fluids from highest to lowest net power efficiency are R123, iso-
pentane, R245FA, n-pentane, iso-butane, n-butane, R236FA, R218, R134A with net
efficiencies of 4.48%, 4.42%, 4.38%, 4.32%, 4.22%, 4.13%, 3.96%, 3.46%, 3.15%,
respectively.

The ranking of working fluids from highest to lowest net power generation are R218, n-
pentane, iso-pentane, R245FA, R123, n-butane, R236FA, iso-butane, R134A with net
efficiencies of 197kWe, 189 kWe, 186kWe, 182 kWe, 181 kWe, 180 kWe, 177 kWe and
166 kWe, respectively.

N-pentane is found as the optimum working fluid in terms of the highest efficiency and net
power generation. The total flow rate of n-pentane is 39.791 tons/hour at circulation. ORC
with n-pentane generates 245 kWe gross and 189 kWe net electricity with 5.6% gross and
4.32% net efficiency by using 150 tons/hour geothermal brine at 90 °C while ambient air
temperature is 18 °C.

Internal consumptions of pump and ACC fans are calculated 3.917 kWe and 52.096 kWe,

respectively.
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ORC model with n-pentane has minimum heat transfer area at preheater, evaporator and
air-cooled condenser which means that n-pentane is the most suitable fluid in terms of
material cost.

The optimum geometrical results of preheater, evaporator and air-cooled condenser are
obtained for n-pentane as working fluid.

In terms of model validation, geometrical results of this study are compared with
experimental results of another study (Fu et al., 2015)

Since a high-temperature source and water-cooled condenser are used in the compared
study, its efficiency has been reduced compared to 90 °C heat source and air-cooled
condenser usage by using benchmarking approach. Thus, the efficiency of our system is
calculated higher than Fu et al., 2015.

With the studies to be done after this thesis, the turbine and pump detail designs can be

made, and the datasheet documents of the whole ORC system can be obtained.
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APPENDIX

ORC Designer MATLAB Program Notepad Contents

£ NPENTANE-189 - Not Defteri

Dosya  Duzenle  Gorindm s
14-Aug- 2022
20:10:48
Points Flow Rate Temperature Pressure Density Enthalpy Entropy Phase
# (m3/h) (°c) (bara) (kg/m3) (ki/kg) (k3/kgK) 4
WF1 65.45 38.03 2.62 6087.93 4.80 8.01 liquid
WF2 68.11 60.39 2.60 584.24 59.22 8.18 liquid
WF3 6197.00 63.39 2.30 6.42 401.17 1.2e Eas
WFa 12906.43 43,15 1.09 3.08 378.75 1,22 gas
WFS 65.47 38.00 1.09 607.74 4.60 e.g liquid
H1 155,39 90.00 3.00 965.30 377.04 1.19 liquid
H2 153.27 68.39 2.55 978.64 286.33 8,94 liquid
H3 152.98 64,95 2.42 980.55 271.89 8.89 liquid
Al 1343585.86 18.00 1.80 1.20 417.40 3.86 Alr
A2 1387255.87 27.19 1.0 1.16 426.64 3.89 Air
Fluid: NPENTANE
Turbineeff: 0.850
Exchangereff: 1.000
Gross Power(kw): 245,370
Het Power(kW): 189.358
Theoretical GP (kw): 245.631
Press.i: 2.100
WF Flowhate(t/h): 39.791
B FlowRate(t/h): 150.000
Grosseff: 0.0560
Neteff: 0.0432
H_Evaporator{kw): 3779.584
H_Preheater(kw): 601.511
H_Condenser(kW): 4135,464
Superheat{°C): 1.000
Pump Cons.(kW): 3.917
ACC Cons. (kw): 52.096
ACC Length(m): 8.058
ACC Width(m): 20.000
ACC Area(m2): 161.164
Number of Tube Rows: 4.000
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E NPENTAME-189-Evaporator - Not Defteri

Dosya Duzenle Gorinim

Hot Fluid:
Working Fluid:
Shell Type:
Duty (kW):

Heat Transfer Area (m2)
EMTD (°C):

Dirty OHTC (W/m2C)
Clean OHTC (W/m2C)

Tube Number

Tube Length (m)

Tube Diameter (mm)
Tube Thickness (mm)
Tube Layout (°):
Bundle Diameter (mm)
Shell Diameter (mm)

COLD SIDE

Flow Rate (kg/h):
Inlet Temperature (°C):
Outlet Temperature (°C):

Fouling Resistance (m2C/W

Pressure Loss (bar):

HOT SIDE

Flow Rate (kg/h):

Inlet Temp (°C)

Outlet Temperature (°C)
Density (kg/m3):

Specific Heat (j/kgC)
Dynamic Viscosity (Pa.s)
Conductivity (W/mC):

Pr Number:

Fouling Resistance (m2C/W

Pressure Loss (bar):

WATER
NPENTANE
K-Shell

3965.
184.
A48
.A55
1668.
231.
1a.
A28
2.
45,
728.
1456.

13
1113

25

39790,
6a.
63,

as84
387

787
aea
aea

10
aea
aea
aea

878
393
393

1.136e+04

a.

15eaea
9e

68

972
4195

300

. 080
. 080
.393
.379
.719

3.577e-04

a
2

.667
. 252

5.682e+@3

%)

.128
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2  NPENTANE-189-ACC - Not Defteri

Dosya Duzenle Gorinim

Hot Fluid:
Working Fluid:

Power (kW

Duty (kw

Air Inlet T (°C
Air outlet T (°C
WF Inlet T (°C
WF Outlet T (°C
LMTD (°C

Clean OHTC (W/m2C

Heat Transfer Area (m2
Air Flow Rate (kg/h
ACC width (m

Tube Length (m

Tube Diameter (mm

Tube Thickness (mm

Number of Tubes:

Face Area (m2
Fan Area (m2
Tube Pressure Loss (Pa
Air Pressure Drop (Pa

)
)
)
)
)
)
)
Dirty OHTC (W/m2C):
)
)
)
)
)
)
)

WATER
NPENTANE

52.
LAB2
18.

27.

48,

38.

14.

14.

17.
19595.
161857,
20.

8.

Aea
1.
1362.
161.
64.
564,
.AB66

4135

25

88

@96

eage
19@
147
eage
219
842
294
129
376
eage
@58

650
eage
164
A66
177
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E MPENTANE-189-Preheater - Not Defteri

Dosya Duzenle Gorinim

Hot Fluid:

Working Fluid:

Shell Type:

Duty (kw):

Heat Transfer Area (m2)
EMTD (°C):

Dirty OHTC (W/m2C)
Clean OHTC (W/m2C):
Pass Number:

Tube Number:

Tube Length (m):
Tube Diameter (mm):
Tube Thickness (mm):
Tube Layout (°):
Baffle Number:

Shell Diameter (mm):

COLD SIDE

Flow Rate (kg/h):
Inlet Temp (°C)
Outlet Temp (°C)
Density (kg/m3):
Specific Heat (j/kgC)
Dynamic Viscosity (Pa.s)
Conductivity (W/mC):
Pr Number:

Fouling Resistance:
Pressure LOSS:

HOT SIDE

Flow Rate (kg/h):

Inlet Temperature (°C)
Outlet Temperature (°C)
Density (kg/m3):
Specific Heat (j/kgC)
Dynamic Viscosity (Pa.s)
Conductivity (W/mC):

Pr Number:

Fouling Resistance:
Pressure LOSS:

WATER
NPENTANE
E-Shell
609.308
63.837
14.656
651.779
8@9.458
2.000
80.000
10.ee
25.480
2.1@8
45,808
35.000
463 .080

39798.878
38.034
60.393

596.388
2433.392
1.442e-84
@.1a3
3.396
8.800e-85
9.836

15eeee .08
63.393
64.947

979.635
4188.199
4,227e-04
8.657
2.695
1.760e-84
9.454
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